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Abstract

A direct exchange building integrated photovoltaic and thermal (BIPV/T) heat pump system is
proposed where the heat extracted from the BIPV is used to drive the heat pump. To ensure a
more stable diurnal system performance, especially at low solar conditions, air flow is
instituted in the cavity between BIPV fagade and the insulated inner wall. The airflow is
directed from the heated or cooled space into the air channel and can be exhausted or returned
to the space depending on the building operating conditions. The flow and geometrical
parameters of the BIPV/T facade are optimized such that more than 40% of the peak
performance is recovered by the airflow in the channel off-peak conditions. Also, BIPV facade
surface temperature is reduced by up to 10°C compared to air based BIPV/T and the wall heat
gain is reduced by up to 46%. A case study scenario is considered where the BIPV/T heat pump
system is installed as supplemental heating for an electric water heater and the annual energy
saving is quantified. A surrogate model of the BIPV/T heat pump system is developed and
implemented in EnergyPlus. The annual energy analysis suggests the Domestic hot water
(DHW) heating energy demand was reduced by up to 40.4% for a wall integrated system and
44.2% for a roof integrated system.

Keywords

Building integrated photovoltaic and thermal systems (BIPV/T), Building integrated
photovoltaic systems (BIPV), Natural convection, Forced convection, Roughness, Energy
Efficiency, Turbulence, Convective heat transfer coefficient, Computational Fluid Dynamics
(CFD), Multiphase Flow, EnergyPlus



Summary for Lay Audience

The building sector is responsible for a considerable amount of energy use largely due to the
space heating requirements. Of course, this translates to significant green house gas emissions.
To curb this, several passive techniques have been introduced, of which the most common is
the increasing the Insulation in the walls. However, there is the diminishing returns of adding
more insulation. Beyond an optimum insulation level, the cost outweighs the heat loss
reduction. A more sustainable approach is to incorporate renewable technology like
photovoltaics in buildings in an integrated fashion such that the cladding is substituted with
PV modules. This improves the cost effectiveness of integrating renewable technology in
buildings in that the PV cells perform multiple functions. However, by integrating PV cells, in
the building envelope there is potential to overheat since typical PV efficiencies are less than
20%. As such, 80% of the solar energy is converted to waste heat that can increase the
temperatures. To maintain appropriate operational temperatures a thermal management system
is proposed to extract the waste heat and utilize it for other domestic purposes like space heated,
domestic water heating, etc. The potential of the system is investigated, and the energy savings
quantified for a system that utilizes the waste heat for DHW. The findings suggest that the
combined electrical and thermal energy extracted can offset at least 44.2% of the hot water
energy demand depending on the climate and orientation of the building integrated

photovoltaic concept.
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Chapter 1

1 Introduction

1.1 Background

The building envelope or building enclosure is the part of the building that separates the interior
from the exterior (Straube, 2006). It includes the walls (above and below grade), roofs, floors, and
openings (windows and doors). These enclosure components harmonize to maintain a safe and
stable indoor environment by categorically providing the basic control, support, finish, and

distribution functions (Figure 1-1).

) External Interface
Exterior .
Environment Finish +
Electrical Generation

Z e Finish
Loads

i’ ¥Internal Interface

Micro
Climate Loads
Modifiers .
Interior

o Environment
Enclosure o

Figure 1-1: The building envelope and its functions (Straube, 2006)

In view of sustainability, these functions can be extended to generate and harness energy as in
Figure 1-1 (Mora et al., 2011). Hence, sustainable development demands creation of advanced
innovative building envelope systems. This is the premise for design and adoption of solar facades
(including roofs). Solar facades are advanced building enclosure systems that can be used to reject,
absorb and reutilize solar heat (Lai and Hokoi, 2015). Based on the solar heat treatment, solar
facades can be classified as Building Integrated Photovoltaic systems (BIPV), building integrated
solar thermal systems (BIST) and building integrated photovoltaic and thermal systems (BIPV/T).
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BIPV/T systems have a higher solar utilization ratio due to electrical energy conversion and

thermal energy extraction.

1.2 Literature Review

A review of the advancement in BIPV/T systems is presented. The brief historical development of
the concept is first discussed. Following, previous studies on BIPV/T systems are presented.

Lastly, the potential for integration with heat pump technology is outlined.

1.2.1  Historical Development

BIPV/T systems have come about because of deficiencies in PV technology. Commercially
available PV cells have conversion efficiencies in the range of 10 — 20% (Verma et al., 2021).
Hence, most of the solar radiation received is wasted as heat, which can increase the cell
temperature. The temperature rise reduces the cell efficiency as seen in Figure 1-2 and can inflict

structural damage due to thermal stressing (Chow, 2010).

Electrical Efficiency —==--- Cell Temperature
g 16 4 - 60 %’5
> 15 - - 50 o
5 L 40 2
o 141 ©
& 30 8
= 131 £
S [0l
~1 T T T T T T . . . 0
8:00 10:00 12:00 14:00 16:00
Time (hr)

Figure 1-2: lllustration of PV efficiency on cell temperature (Lai & Hokoi, 2015)

The temperature dependent electrical efficiency is given in Equation 1-1:

Ne = nref[l - ﬁref(Tc - Tref)] Equation 1-1

where nref and frer are the cell efficiency and temperature coefficient given at standard test
conditions (Tref = 25°C and lrag = 1000 W/m?) and T is the cell temperature. Since the cell

efficiency should be indirectly related to the temperature, it is necessary to maintain a low
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temperature by waste heat extraction and possibly utilizing the thermal energy. Waste heat

extraction are by means of Photovoltaic/Thermal Systems (PV/T).

PV/Ts are devices that convert solar energy into thermal energy and electrical energy

simultaneously. In effect, PV/Ts combine the functions of solar thermal collectors and PV panels.

The advantages of PV/Ts are a reduction in the demand for physical space, decrease in cost and

increase in energy production per unit area (Bloem et al., 2012; Shahsavar et al., 2011; Evola &
Marletta, 2014; Sarhaddi et al., 2010). Generally, PV/Ts can be classified into air based and liquid
(typically water) based systems (Hazi & Hazi, 2014). The PV/T classifications are illustrated in

Figure 1-3.
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Figure 1-3: Illustration of the typical air and water based photovoltaic and thermal systems
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Air-based PV/T systems (PV/Ta) are preferred to water-based PV/T systems (PV/Tw) because of
simplicity and economics (Mojurnder et al., 2016, Naveed et al., 2006; Daghigh et al., 2011).
However, PV/Tw systems are more efficient than PV/Ta systems due to their high thermo-physical
properties (Hussain et al., 2013).

Research on PV/T started in the mid 1970’s. Boer (1974) and Wolf (1976) first demonstrated the
potential of PV/T systems to offset building thermal and electrical energy demand. Further work
in the 70’s and 80’s focused on extending the Hottel-Whillier model for thermal analysis of flat
plate collectors to the analysis of PV/T collectors. (Florschuetz, 1979; Raghuraman, 1981). In the
90’s, research was focused on parametric analysis (Bhargava et al., 1991; Agarwal & Garg, 1994;
Prakash, 1994; Garg & Adhikari, 1995, 1997, 1998), new collector designs (Sopian et al., 1995)
and proposing new PV/T performance measures (Fujisawa & Tani, 1997; Huang et al., 2001).

PV Test module PV Test rig

Recovered
Heat

VA q [=] IJ\
YO Jl
D :45 =
Incident Solar S i
Radiation MR T~ o | —
s 2 | Heat Loss
K g
] Ll
{5}
PV cell =
\\ Airgap §.
Semi-transparent
Facade _
Element
Figure 1-4: Laboratory testing and characterization of a PV-integrated facade (Clarke et al.,
1996)

During this period, Clarke et al. (1996) subjected a PV-facade to laboratory testing and computer
simulation to characterize its thermal and electrical performance as seen in Figure 1-4. This work
pioneered the integration of PV in the building enclosure. These systems are called Building
integrated photovoltaic/thermal systems (BIPV/T). In effect, the BIPV/T transforms buildings
from energy consumers into active power generators and is important to promote sustainable

development in the building sector (Ho et al., 2013). BIPV/T combines the functionalities of the
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building enclosure, solar cells, and thermal collector in one product. This increases the cost
effectiveness of the PV module (Sarhaddi et al., 2010; Pantic et al., 2010; Agrawal & Tiwari, 2010;
Wilson & Paul, 2011) and the overall output of the system (Wu et al., 2011).

1.2.2  Building Integrated Photovoltaic/Thermal Systems

Presently, the development trend for solar energy systems is building integration (Buker & Riffat,
2015). BIPV/T’s typically consist of the PV cladding, the building inner wall and an airflow cavity
as shown in Figure 1-5. Depending, on the heat transfer medium instituted for thermal regulation
of the PV cladding, the airflow in the cavity can be driven by natural convection or forced
convection. The airflow in the cavity is mostly driven by natural convection or forced convection
in air based and liquid (e.g., water) based BIPV/T systems respectively. For a special case when
the airflow cavity in the BIPV/Tw system is driven by forced convection, the system is regarded
as a bi-fluid BIPV/T fagade system.

BIPV/Ta BIPV/Tw

Preheated fresh air for

HVAC or other A
VAV domestic use v
< . (P \
N I\ v A
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Figure 1-5: Schematic of air cooled (Left) and water cooled (Right) Building Integrated

Photovoltaic and Thermal Systems



BIPV/Ta systems are more common than BIPV/Tw systems especially in cold climate when
freezing is a major concern for BIPV/Tw systems. Also, BIPV/Ta systems are more easily
integrated with the building envelope and heating, ventilation, and air conditioning (HVAC)
systems. An air-based PV integrated building facade was numerically investigated by Zoguo &
Stapountzis (2011a). The thermal mass increase of the building was noted, and the air heated in
the duct could supply 22% of the total heating load during the heating season for a typical office
building. Further field study of the concept under different modes of natural and forced convection
revealed an enhancement of the convective heat transfer coefficient as well as an alteration of the
inlet flow conditions under forced convection (Zoguo & Stapountzis, 2011b). The enhancement in
heat transfer coefficient was quantified in a CFD study and a convective heat transfer correlation
was derived (Zogou & Stapountzis, 2012). Nagano et al., (2003) presented a more unique BIPV/Ta
facade integration which incorporated PV cells directly on the exterior wallboards. It was shown

that the system has the potential to cover half of the heating demand.

BIPV/Ta facade integration is beneficial since more area coverage is available but in most cases,
it does not provide the optimum angle for solar capture. As a rule of thumb, it is advisable to incline
the collector in the latitude of the location. A deviation of +/- 10° doesn’t significantly affect the
solar capture (Chow & Chan, 2004). This favours roof integration, although overheating may pose
a greater concern for the solar cells in this configuration. The performance of an open loop roof
integrated BIPV/Ta system was investigated by Pantic et al. (2010). Specifically, the effect of
glazing was considered. It was shown that the unglazed system provided the best configuration for
electricity generation due to the convective heat loss by wind that helped to further cool down the
PV surface temperature. However, the glazed system displayed the best thermal efficiency.
Further, Chen et al. (2010a; 2010b) thermally coupled a BIPV/Ta roof system with a ventilated
concrete slab and domestic hot water (DHW) in a low energy house. The full-scale monitored data
showed a possible temperature rise of 40°C across the roof. Convective heat transfer correlations
(CHTC) were also developed from experimental data and 2D steady state system representations.
Lin et al. (2014) presented a novel BIPV/Ta ventilation system integrated with Phase change
materials (PCMs) and effective control system to allow for heating, cooling and thermal storage

based on comfort requirements.



For considerable long channel lengths, especially for facade integrated systems, a significant
amount of heat can be extracted. However, this causes substantial temperature variations on the
surface of the PV panels. This PV surface temperature variation limits the electrical yield of system
as demonstrated by Ghani et al. (2012). Yang and Athienitis (2015) presented a multiple inlet
BIPV/Ta system to realize a more uniform PV surface temperature distribution as well as recover
some of the exterior convective heat loss. The idea was to break the boundary layer and enhance
heat transfer. Significant thermal efficiency improvement was observed when compared to a single
inlet system. A facade integrated BIPV/Ta combined with an unglazed transpired collector (UTC)
was also investigated by Athienitis et al. (2011). The novel install of the PV on the corrugated
sheet promoted turbulence that enhanced the convective cooling of the PV panels. Field
experimental monitoring show that the air flow cooled the PV by up to 8.1°C. Further CFD studies
demonstrated the slope length and the wavelength of the UTC as having the most dominant impact
on the thermal performance (Li & Karava, 2014). CHTC were also determined for the combined

BIPV/Ta and UTC system incorporating weather and design parameters (Li et al., 2014).

As earlier mentioned, although air systems are simpler to implement, water systems are more
efficient heat carriers. A BIPV/Tw facade system for DHW was presented in Chow et al. (2007;
2009). This building envelope integration increased the thermal mass as was reflected in the
reduced building cooling load and peak load time shift by up to 3 hours. Further studies by Ji et al.
(20064, 2006b, 2007), and Chow et al. (2009) investigated the effect of key design parameters
(packing factor, flow rate, water delivery pipe size, flow channel dimensions, glazing
transmissivity, PV cell efficiency, ratio of water mass in storage tank to aperture area) and
environmental parameters (solar radiation, ambient temperature and wind) on the thermal and

electrical performance.

1.2.3 Building Integrated Photovoltaic/Thermal System Energy
Utilization: Heat Pump Coupling

The heat energy extracted by PV/T systems is low grade energy. Integration with heat pumps

provide a suitable technology to upgrade this low-grade heat. Another premise for the adoption of

the PV/T-HP technology is the mismatch between required outlet temperature and PV working

efficiency especially for closed loop water heating systems. Per Wilson & Paul (2011), combining

PVI/T collector and heat pump is a very promising and attractive concept.
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The concept of incorporating solar thermal collectors with heat pumps is not a new concept. Solar
assisted heat pumps have been around for some time. However, the main advantage of
incorporating PV/T collectors with heat pumps is that the systems can be self-sufficient and the
high temperature evaporation which has the potential to improve the coefficient of performance.
Chow et al. (2010), Xu et al. (2009), Zhao et al. (2011), Pei et al. (2008), and Keliang et al. (2009)
investigated a direct exchange PV-solar assisted heat pump system. It is worth mentioning that

only system presented by Zhao et al. (2011) is building integrated.

A limitation to the direct exchange PV/T collector/evaporator configuration is that, for sufficiently
low solar radiation, the collector will be ineffective. This issue has been resolved by having a back-
up air evaporator in parallel with the PV/T evaporator and having an appropriate control system to
coordinate the operation of the evaporators (Ji et al., 2009; Pei et al., 2008; Fu et al., 2012; Ji et
al., 2008). Another alternative is to use the heat recovered from the PV/T collector to drive the
heat pump in an indirect heat exchange configuration. (Kamel and Fung (2014) and Manzolini et
al. (2016) used PV/Ta collectors to drive the heat pump while Bai et al. (2012) and Bakker et al.

(2005) used PV/Tw collectors as the evaporator heat source.

1.3 Research Gap

1.3.1 Few research on the performance of Direct exchange BIPV/T
collector/evaporator and heat pump systems
From the review of literature, there is limited research on BIPV/T integrated with heat pump. Chow
et al. (2010), Xu et al. (2009) Pei et al. (2008), Keliang et al. (2009), Ji et al. (2009), Pei et al.
(2008), Fu et al. (2012), Ji et al. (2008), and Kamel and Fung (2014) investigated stand-alone PV/T
heat pump systems. Bakker et al. (2005) studied a building applied system i.e., mounted on the
cladding. Zhao et al. (2011) and Manzolini et al. (2016) presented a detailed study of BIPV/T and
heat pump coupling. Manzolini et al. (2016) reported a modest COP improvement and was
attributed to the reliance on buoyancy to drive the air flow over the evaporator. Also, a back-up
evaporator will be required in the concept presented by Zhao et al. (2011). The cost implications
of having a back-up evaporator may be one of the determents of exploring refrigerant based

BIPV/T and heat pump system. These systems are important because refrigerant based BIPV/T’s



have a high solar utilization rate in that compared to air and water the boiling and condensation

heat transfer coefficients are significantly higher than the convective heat transfer coefficients.

1.3.2  Limitation on full-scale numerical and experimental studies

As suggested by Zogou and Stapountzis (2012), design optimization for this type of BIPV/T
applications must be based on sound understanding of flow and heat transfer characteristics. This
is possible through a detailed numerical simulation with fully monitored experiments instrumented
to measure the inflow conditions, outflow conditions, surface temperatures of the corresponding
layers, heat flow, flow characteristics and weather data, with sufficient measurement intervals to
capture weather changes. Manzolini et al. (2016) and Zhao et al. (2011) used steady state models
that were validated with experimental data from small scale experiments or data from literature.
Athienitis et al. (2011) performed experiments with 1 h measurement intervals so as not to capture
the unsteady weather conditions. Chow et al. (2007, 2009), Zoguo and Stapountzis (2011b), and
Nagano et al. (2003) used simplified system models. Pantic et al. (2010) validated their simplified
model with few hours data. Li et al. (2014) performed detailed 3D CFD simulations with
experimental validation, however, the error margins were significant, and radiation was ignored.
Zoguo & Stapountzis (2011b) did not validate the numerical simulation. It is apparent that full
scale experiments for validation of numerical simulations are lacking, especially in BIPV/T-HP
applications. Full-scale experiments are important to demonstrate the long-term performance as
well as encourage development and spreading of the concept. Also, more detailed numerical
simulations with flow visualizations and consideration given to all modes of heat transfer like

computational fluid dynamic packages are required for effective design optimization.

1.3.3 Limited work on simultaneous exploration of climatic, design and
operational parameters influencing the performance of BIPV/T
integrated with heat pump

Figure 1-6 shows the cross-section of a Direct Exchange BIPV/T fagade evaporator concept and

its components. The BIPV/T facade consists of the glazed PV/T evaporator, a ventilated airgap,

and the opaque inner wall. The performance of PV/T systems, which is a subset of the BIPV/T
evaporator is well documented in literature. Table 1-1 summarizes the climatic, design and

operational parameters that affect the performance of PV/T systems.
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Figure 1-6: Illustration of the components of the Direct Exchange BIPV/T facade concept design

parameters

While Table 1-1 is not an exhaustive list, it highlights the complexities in assessing the thermal
and electrical yield of the PV/T collector. As such, optimizing the performance of the PV/T
collector requires investigating the relative contributions of the different parameters on the overall
thermal and electrical yield. There is extensive research on the impact of these parameters on the
thermal and electrical yield. Ji et al. (2006a, 2006b, 2007), and Chow et al. (2009) conducted
parametric analysis to optimize the geometry and operating conditions of PV/T systems.
Significant geometric, design and environmental parameters were investigated as earlier
mentioned. However, these parameters were not investigated simultaneously, neither were these

systems building integrated.
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Table 1-1: Factors and parameters affecting the PV/T collector performance (Elbreki et al., 2016)

Category Variables
Climate Solar Irradiance, Ambient temperature, and Wind speed
Design PV/T aspect ratio (Duct length, duct width), channel depth, PV module type,

Number of glazing and glazing thickness, distance of glazing above PV surface,
anti-reflection coating (location: on glazing vs on solar cells), low-e coating
(location on glazing), number of tubes, tube material, riser configuration (tube
shape), thermal insulation (type and thickness), absorber material
(conductivity, absorptivity and thickness), Effect of fins, roughness element
(Length and interspacing and shape), emissivity (Channel top and bottom),
absorber thickness, and Number of collectors.

Operational Mass flow rate, inlet fluid temperature, packing factor, and effect of fans (air

speed).

Building integration further complicates the problem in that more variables need to be explored
such as global orientation, envelope inclination, thermal mass of the supporting wall (for hot
climate), insulation thickness (for a cold climate), and wall assembly ventilation type. Further, the
heat pump system design parameters have not been considered. These include the evaporation
temperature, the condensation temperature, the flow rate, and thermal characteristics of the heat
transfer media. Hence, to maximize the thermal and electric yield, an optimization of the system

IS necessary considering simultaneously the global and local parameters.

1.3.4  Lack of simplified optimization tools for BIPV/T application: Proper
selection of convective heat transfer coefficients
The performance of BIPV/T systems is strongly correlated to the climate; hence, it is important to
develop tools to optimize system design for different climates. Currently, a limited amount of work
has been done to develop systematic optimization procedures or tools to improve the overall
performance of BIPV/T collectors for different climate (Charron & Athienitis, 2006). This will
require development of reduced order simplified models that have been sufficiently
validated/calibrated to within reasonable error bounds. The major source of error is in the choice
of appropriate convective heat transfer coefficient as applied to BIPV/T systems (Shan et al.,
11



2014). This is due to complexities arising from heating asymmetries, high aspect ratios, non-
consistent heat fluxes, non-uniform wall temperatures and non-developed flow conditions
(Canadanedo etal., 2011; Dehra, 2009). Significant research has focused on developing convective
heat transfer correlations. Zogou and Stupountzis (2012) compared various CHTC and reported a
wide range of predictions which indicate a lack of understanding of the flow and heat transfer
behavior. Hence, a deeper understanding of the convective coefficients is necessary for the more

accurate prediction of simplified thermal models.

1.4 Problem Statement

Hence, the question is, how feasible is it to come up with a BIPV/T collector concept that combines
the advantages of the high temperature evaporative cooling of the refrigerant based PVT and an
air/water evaporator? In other words, a bi-fluid PV/T collector as in (Bakar et al., 2014), however,
with refrigerant rather than water and integrated with the building envelope (see Figure 1-6). This
is important because refrigerant based PV/T enhances solar utilization rate compared to air and
water as working fluid since the boiling and condensation heat transfer coefficients are
significantly higher than the CHTC. Currently, there are few works on examining the performance

of BIPV/T systems using refrigerant as the working fluid (Charron & Athienitis, 2006).

1.5 Proposed Research

Based on the literature review and research gap discussed, the present research aims to

e Investigate the natural convection heat transfer in a double skin opaque wall assembly
e Optimize three BIPV/T fagade systems:
o BIPV/T with natural convection air cooling
o BIPV/T with forced convection air cooling
o BIPV/T with dual refrigerant and air-cooling heat removal system, and
e Quantify the energy impacts of the BIPV/T with dual refrigerant and air-cooling heat

removal system coupled with heat pump technology for domestic hot water heating
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1.6 Organization of the thesis

This thesis has been prepared in an “Integrated-Article” format. In Chapter 1, the historical
development of BIPV/T systems and the associated energy benefits are provided. As well, the
opportunities to further the implementation of the BIPV/T systems that will be investigated in this

thesis are provided. The objectives of the thesis are addressed in detail in the following chapters.

1.6.1  Parametric characterization of the air channel design and its impact

on the natural convection heat transfer in an opaque wall assembly
In this chapter, the impact of the ventilation cavity design on the energy performance of the
rainscreen wall assembly was numerically investigated in CFD. The ventilated cavity design
parameters considered were the cladding material type (i.e., Fiber cement, brick, and metal
cladding), the sheathing membrane emissivity coefficient (i.e., 0.1 - 0.9), the ventilated cavity
height (i.e., 1H and 2H) and the air gap width (i.e., 13 mm — 50 mm). The CFD model was validated
with experimental data and a dynamic simulation for a typical hot day and cold day is performed.
The heat flux through the wall assembly was compared amongst the design alternatives. A
numerical baseline for comparison of the energy performance of the BIPV/T wall assembly is

established in this study.

1.6.2 BIPV with transverse rib roughened air channel - Parametric
analysis of the effect of transverse roughness shape, roughness
height (e/D), roughness spacing (p/e), and channel angle (8) on the
turbulent natural convection heat transfer

In this chapter, the effect of varying rib geometry on the turbulent natural convective heat transfer
coefficient in a BIPV air channel was assessed numerically. The CFD model is validated with
experimental data from the literature to within reasonable accuracy. The study investigates
parameters such as the rib shape (i.e., square, triangle and semi-circle), relative rib height, relative
pitch ratio, and heat flux. A new natural convective heat transfer correlation is developed for
different geometry and flow conditions.

1.6.3  BIPV/T with transverse rib roughened air channel - Parametric
analysis of the effect of transverse roughness shape, roughness

13



height (e/D), and roughness spacing (p/e) on the turbulent forced

convection heat transfer
In this chapter, the flow characteristics and gain of heat transfer associated with addition of ribs in
the BIPV/T flow channel using CFD. The geometric and flow parameters are the relative
roughness pitch, relative roughness pitch and Reynolds number. A new forced convective heat
transfer correlation is developed for different flow conditions and roughness geometry within the
transitionally rough and fully rough flow paradigm. Further, the near-wall vortex flow structures
are investigated and categorized based on detailed wall shear stress data derived from CFD. The
optimal geometry and flow parameters that maximized the thermohydraulic performance is
provided. Further, a parametric study is conducted to understand the impacts of roughness shape,
roughness height, roughness pitch, and Reynolds number on the thermo-hydraulic performance. A
forced convective heat transfer correlation is developed for different flow conditions and
roughness geometry.

1.6.4 A novel BIPV/T facade concept with coupled air and refrigerant heat
extraction system — Validation of the coupled air and refrigerant flow
CFD model

In this chapter, a novel BIPV/T concept is proposed with dual fluid flow thermal management

system. A CFD approach to quantifying the useful heat gain for the BIPV/T facade is proposed

and validated. Some of the difficulties in saturated flow boiling (i.e., two-phase flow) are

emphasized.

1.6.5 BIPV/T facade concept with coupled air and refrigerant heat
extraction system — Parametric analysis on the impact of the
geometry and flow variables on the overall thermal efficiency

In this chapter, BIPV/T facade concept is optimized using the validated CFD model in Chapter 5.

A parametric analysis is conducted to numerically investigate the impact of certain geometry and

flow parameters on the thermal efficiency of the BIPV/T facade evaporator concept. The

parameters considered are the relative tube height (e/D), relative tube pitch (p/e), tube shape, and
relative flow ratio (Rerer/Reair). The relative flow ratio is the ratio of the dimensionless flow rates

in the refrigerant tubes and the air channel.
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1.6.6  Energy Performance of BIPV/T Facade system Coupled with Heat
Pump Technology for Domestic Hot Water
In this chapter, the annual performance of the proposed BIPV/T facade concept coupled with heat
pump is numerically investigated. A simulation methodology is employed that involves four
distinct phases: weather data analysis, detailed CFD simulation, Regression analysis, and BES. In
the weather data analysis, representative days for each month with varying levels of solar radiation
are determined. The determined outdoor conditions were inputted as boundary conditions for the
detailed CFD simulation to determine the heat gain and electrical efficiency. In the regression
analysis, the heat gain and electrical efficiency are correlated with the outdoor temperature, solar
radiation, wind speed and cloud cover. The derived multi-variable polynomial expression is then
implemented in EnergyPlus via the Energy Management System to dynamically predict the heat
added to the storage tank per hour of operation of the BIPV/T coupled heat pump system.
Following, the energy impacts on the DHW energy usage are quantified for different wall
orientations and climatic conditions across Canada by considering a typical residential DHW

consumption profile.

Finally, in Chapter 7, the overall conclusion of the present study and venues of future research are

discussed.
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Chapter 2

2  Parametric characterization of the air channel design and its
impact on the natural convection heat transfer in an opaque
wall assembly

The National Building Code of Canada (2015) and the British Columbia Building Code (2018)
specify a rain-screen wall with a minimum of 10 mm air gap for exterior walls in climate zones
with high rain load. The impact of the air gap on the moisture transport has been extensively
studied since the 60’s (Garden, 1963; Killip & Cheetham, 1984; Baskaran, 1994; Tariku & Iffa,
2019). The air gap creates a capillary break between the cladding and the structural inner wall and
the airflow through the cavity further short circuits inward moisture drive. The relative
contribution of the capillary break created by the air gap and the cavity ventilation to the overall
moisture control performance of rain-screen systems was experimentally investigated in Tariku &
Iffa (2019). The hygrothermal analysis showed the capillary break had more influence on the
moisture control performance. However, the added drying potential due to ventilation manifested
as lower sheathing wall temperatures that may have contributed to the building heating and cooling

load.

The impact of ventilation on the energy flows in the wall assembly is an active research area.
Significant reduction in the building cooling load during summer and increase of the building
heating load during winter due to cavity ventilation has been reported (Alberto et al., 2017,
Hashemi et al., 2010; Giancola et al., 2012; Fallahi et al., 2010; Chan et al., 2009). Girma & Tariku
(2021) reported that by increasing the air gap from 19 mm to 152 mm, the heat gain is reduced by
up to 40%. The cavity ventilation introduces cooler ambient air into the cavity, which may be
detrimental to the energy consumption during winter but have a positive impact on the cooling
load during summer (Tariku & Iffa, 2019). Dampers are recommended during the heating season

to limit airflows and enhance the thermal buffer effect (Andelkovic et al., 2015).

The effect of cavity ventilation on the thermal performance of the wall assembly is dependent on
the climatic conditions, configuration type, thermophysical and optical material properties, facade
orientation, and geometry (Patania et al., 2010; Aparicio-Fernandez et al., 2014; Gagliano et al.,

2016). As such, natural ventilated facades have complex and difficult to predict cavity airflow
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(Falk & Sandin, 2013). Langmans et al., (2016) performed experiments to quantify the airflows in
the cavity for different cladding materials. Also, various simplified numerical approaches have
been reported in literature (Marques da Silva et al., 2015; Kuznik et al., 2011; Ghadimi et al.,
2013). These simplified approaches are limited in that the cavity airflows are not effectively
captured and result in significant errors in quantifying the energy performance. Jiru & Haghighat
(2008) reported errors of up to 5°C for a simplified model based on a zonal approach at peak solar
conditions. For a detailed study of ventilation in the air cavity in which one is interested in
understanding airflow in the cavity including the impact of the external boundary conditions;
which are dynamic in nature, a detailed numerical model is necessary such as those based on
computational fluid dynamics — CFD (Jiru and Haghighat, 2008; Seferis et al., 2011; Fuliotto et
al., 2010). The potential of ventilated fagcade for energy saving was investigated using the CFD
approach and significant energy savings were achieved (Gagliano et al., 2016; Sanchez et al., 2016;
Suarez et al.,2011).

Although, the energy saving potential of ventilated facades has been explored, dynamic modelling
is still crucial for the thermal performance of a ventilated wall assembly (Wang et al., 2016).
Studies focussing on opaque ventilated cavity are scarce even though more than 60% of the
housing stock by building type in the residential sector is dominated by opaque construction (NRC
Canada). This is also important because of the increasingly stringent energy codes and the demand
for high performance building envelope. Further, the energy performance of ventilated wall
assemblies is influenced by geometric and climatic parameters, hence, it is necessary to understand
the contributions of these parameters to the overall energy performance. The aim of this study is
to numerically quantify the impact of ventilated cavity on the energy performance of an opaque
wall assembly for typical summer and winter periods. The numerical simulation based on CFD is
validated in comparison with in-house generated experimental data. Following, a parametric
analysis is conducted to determine the impact of the air cavity height, air gap thickness, cladding
material, and radiation properties of the sheathing membrane on the heat flux through the wall

assembly.

2.1 Methodology

The numerical simulation is conducted using computational fluid dynamics (CFD) and validated

using in-house generated experimental data. The experimental data is derived from long term
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monitoring of a typical rain-screen 2 x 6 wood-frame wall assembly with fibre cement cladding to
assess the impact of air cavity ventilation on the hygrothermal performance. The wall assembly is
instrumented with thermocouples; to measure the interstitial surface temperatures of the different
wall layers at different heights (Figure 2-1). The Omni-directional Anemometer measures the mid-
cavity air velocity and temperature. The indoor and outdoor conditions are monitored by an on-
site weather station. To validate the numerical model, the temperature within the interstitial layers
of the wall assembly, the temperature at different heights in the air cavity and the mid cavity air
velocity are compared with the experimental data. Refer to Tariku & Iffa (2019) for a detailed

description of the experimental setup.

Following the CFD validation, a parametric analysis is conducted to understand the impact of
various variables on the heat flux through the wall assembly. The variables considered in this paper
are air gap width, sheathing membrane emissivity, wall height and cladding material type. The
variables are chosen based on variations in typical construction practice. There exist multiple
cladding materials, each have recommendations as per code. For example, the BCBC recommends
a minimum of 10 mm, however, for brick cladding, a minimum of 25.4 mm to prevent the mortar
that fall behind the cladding from obstructing the path of airflow. The sheathing membrane
emissivity may vary from 0.9 (i.e., Building paper) to lower than 0.2 (i.e., low emissivity Tyvek
Thermawrap LE). Further, the ventilated cavity may extend over multiple stories. The variables
considered are summarized in Table 2-1. The impact of the variables listed in Table 2-1 on the

wall heat flux will be investigated for a typical hot and cold day.

Table 2-1: Variables examined in the numerical study

Parameter Iterations

Air gap width, mm 13,19, 25, 50, ...
Emissivity of the inner wall 0.1, 0.3, 0.6, 0.9

Air Channel height, mm 1H, 2H*

Type of cladding Fiber cement, Brick, Metal

*where H = 8ft, the typical floor height
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2.2 Validation of the Numerical model

The typical thermal loading of a rain-screen wall assembly is complex due to dynamic nature of
the heat transfer mechanisms occurring simultaneously. This poses a conjugate heat transfer
problem that is solved by implementing the unsteady Reynolds Averaged Navier-Stokes and
Energy equations. The radiation heat exchange is modeled using the Discrete Ordinate method
(DOM). Turbulence is modeled using the standard low reynolds number k-epsilon turbulence

model as it is suitable for natural convection flows (Siemens, 2018).

2.2.1  Numerical Simulation Setup

The details of the numerical setup including the computational domain, boundary conditions, mesh

generation and solution strategy are presented in this section.

2.2.1.1 Computational Domain

The two-dimensional representation of the solution domain is seen in Figure 2-1. A 2D modeling
approach is employed since it was reported that switching from a 2D to a 3D computational domain
did not show appreciable improvement in results (Pasut & Carli, 2012; Fuliotto et al., 2010). The
computational domain consists of the wall assembly, the foundation wall, and the immediate

external environment (i.e., the soil and outdoor air).
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Figure 2-1: The 2D computational domain (NTS)

The computational domain is extended to include the foundation wall and the external environment
to deal with the uncertainty in specification of the inlet air temperature. The inlet air temperature
is typically specified as the outdoor air temperature; however, it has been determined in
experimental studies that this assumption is inaccurate (Eicker et al., 2008; Saelens et al., 2004).
This uncertainty in specification of the inlet air temperature can lead to errors in the prediction of
the thermal and flow field in the air cavity. Extending the computational domain to include the
adjacent ground, building structures, and surrounding space will allow the inlet air temperature to

develop naturally. This will potentially enhance the accuracy of the numerical model.

The computational domain is extended 5260 mm to the right of the cladding material and 3040 mm

above the wall assembly. The foundation wall or concrete block is 864 mm high and 2000 mm
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wide. The right edge of the concrete block extends 1620 mm from the interior surface of the wall
assembly. The concrete block is 610 mm beneath the soil surface and insulated with 50 mm rigid
insulation on the exterior side. The soil layer is modeled to a depth of 4390 mm below the concrete
block and 5000 mm below the ground surface where the ground temperature is sufficiently stable
(Gold & Williams, 1976). The thermophysical properties of the concrete block and the soil are
given in Table 2-2.

The wall assembly is numerically represented to be like the experimental setup. The wall height is
2240 mm and the overall wall thickness including the 13 mm thick air cavity is 186 mm. The elbow
at top of the air cavity is included to account for the impact of the flashing in the experimental
design. The elbow extends about 25 mm down the top of the fiber cement cladding. All the layers
of the inner wall are modeled as individual solid domains except the air and vapour control layers
(i.e., Tyvek Housewrap and 6-mil polyethylene), since their effect on the conduction heat transfer
through the wall assembly is negligible. However, the effect of the sheathing membrane (i.e.,
Tyvek Housewrap) on the radiation exchange in the air cavity is accounted for by specifying 0.2
as the emissivity. The emissivity of the cladding is 0.5. The specified emissivity values are verified
in Section 3.2. Other key material properties of the wall layers including the density (kg/m?®),
thermal conductivity (W/m/K) and specific heat capacity (J/kg/K) are given in Table 2-2.

28



Table 2-2: Material properties of the components of the wall assembly?

Material p A Cp

Fiber Cement 1400 0.25 840
Plywood 460 0.14 1880
Wood BlockP 400 0.09 1630
Aluminum 2702 237 903
Gypsum Board 640 0.16 1150
Batt Insulation 12 0.043 800
EPS 64 0.029 1700
Concrete 2240 1.59 840
Ground® 1500 1.3 800
Aird - - -

Brick 1920 0.72 835
Metal 7854 60.5 434

8material properties adopted from ASHRAE Handbook of fundamentals, 2017
bspruce wood

cdry packed soil from ANSI/ASHRAE Standard 140-2001

dtemerature dependent air properties

2.2.1.2 Boundary Conditions

The outer boundaries of the computational domain (Figure 2-1) are identified with roman
numerals: | — VII. The physical boundaries are represented with solid lines and the artificial
boundaries are represented with broken lines. The interior and exterior boundaries of the wall
assembly are represented with red and blue lines respectively. The specifications for the labelled

boundaries of the computational domain are given in Table 2-3.
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Table 2-3: Specification of boundary conditions for the computational domain

No. Boundary Condition Comment

I Temperature BC Representative of the building second floor, which
has a similar temperature as the test wall cladding.

&l Pressure Outlet Boundary specified at outdoor air temperature
and atmospheric pressure. The turbulent kinetic
energy and turbulent specific dissipation rate at
the pressure outlet boundaries are initialized to 0
J/kg and 0 m?/s3 respectively.

IV & VI Adiabatic No lateral heat transfer.

Vv Temperature BC A deep ground temperature of 10°C is assumed
(ANSI/ASHRAE Standard 140-2001).

VI & VIII Symmetry No lateral heat transfer.

The interior boundary (i.e., the red line in Figure 2-1) is specified as a combined convection and

radiation heat flux boundary as given in Equation 2-1.

Qcomb,int = hcomb,int(Ts — Tint) Equation 2-1

where, Ts is the surface temperature, Tint IS the measured indoor air temperature and heomb,int iS the
combined convection and radiation heat transfer coefficient which is given as 8.29 W/m?K for the
vertical oriented surface and 6.13 W/m?K for the horizontal surface with downward heat flow
(AHSRAE HOF, 2017).

The exterior heat flux (i.e., the blue line in Figure 2-1) is specified as heat flux boundary. The heat

flux specification for the other wall boundary is given in Equation 2-2.

Qtotal = Qrad + Qconvext + sty Equation 2-2

where, Q,,4 IS the horizontal or vertical solar radiation intensity depending on the surface
orientation, Q ony,ex: IS CONVective heat loss or gain due to wind and Qg is the sky radiation. The

convective heat transfer with the outdoor air is expressed in Equation 2-3.
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Qconv,ext = hconv,ext(Ts - Text) Equation 2-3

where, heonpexe 1S the exterior convective heat transfer coefficient, and T,,, is the outdoor air
temperature. The exterior convective heat transfer coefficient is calculated in accordance with the
ESP-r implementation of the McAdams model (Mirsadeghi et al., 2013) for rough surfaces
(Equation 2-4).

heext =3.8V19+7.4 Equation 2-4

where, V;, is the on-site measured wind speed. The impact of wind on the flow in the cavity is
minimal but its impact on the wall temperature is important (Tariku & Iffa, 2019). The sky

radiation is expressed in Equation 2-5 (Algarni & Nutter, 2015):
Qsky = stFss(Tg - T:ky Equation 2-5

where, &, is the surface emissivity (i.e., 0.5 for the cladding material, 0.88 for the ground surface,
and 0.9 for the other materials), o is the Stefan Boltzmann constant (5.67 x 10 W/m?/K?*), F, is
the sky view factor (i.e., 0.5 for a vertical surface and 1.0 for a horizontal surface), and Ty, is the

sky temperature. The sky temperature is estimated according to Equation 2-6.
Tsky =Y Tsky,cloudy + (1 - Y)Tsky,clear Equation 2-6

where, y is the sky index (See Table 2-4), Tsxy, ciouay 1S the cloudy sky temperature (Equation 2-7)
and Ty ciear 1S the clear sky temperature (Equation 2-8 - Algarni & Nutter, 2015).

Tsky,cloudy = Text Equation 2-7

Tsiyclear = 0. 0555Tex,;1'5 Equation 2-8
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Table 2-4: Sky index value assigned for cloud cover

Cloud Cover Sky Index, y
Clear 0.0
Mainly Clear 0.2

Partially Cloudy 0.5
Mostly Cloudy 0.8
Cloudy 1.0

2.2.1.3  Numerical Solution Strategy

Simcenter STAR-CCM+ uses the finite volume method to solve the governing equations for
Newtonian fluids. The governing equations are discretized in space and time and the resulting
linear equations are then solved with the algebraic multigrid solver. In the time coordinate, the
solution of the governing equations is obtained using the Euler implicit scheme; a first order
temporal scheme. The time step size is derived from the experimental data using the reciprocal of

the Brunt Vaisala frequency as seen in Equation 2-9.

1 Equation 2-9

A= BT L)

where, S is the volumetric thermal expansion coefficient, g is the gravitational acceleration, AT is
the temperature difference in the solution domain and L is the characteristic length. The optimal
time step is derived to be 300s. In the space coordinate, the conservation equations of mass and
momentum are solved using the implicit unsteady pressure-based approach. The pressure-based
approach is implemented as the Segregated Flow Model. The steady segregated solver employs
the SIMPLE (Semi-Implicit Pressure Linked Equation) pressure-velocity coupling algorithm. The
Second-Order Upwind (SOU) scheme is used to discretize the governing equations. The solution

is converged for all residuals (i.e., continuity, velocity components and energy) less than 10,

2.2.1.4 Mesh Generation

The typical meshing scheme consists of 377,232 grid cells as shown in Figure 2-2. The
computational domain is discretized with an unstructured polyhedral mesh. Five prism layer

meshes are employed to capture the near wall viscous dominated flow. A physics controlled
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meshing scheme is specified that concentrates the finer grid elements in the air cavity to effectively
capture the fluid flow physics. The grid size is progressively increased from the finer grids in the

air cavity to the solid domains farther from the air cavity by specifying a surface growth ratio.

Figure 2-2: The typical mesh of computational Domain

Grid sensitivity study is conducted with a coarse and fine mesh. The computational domain is
discretized with 251,784 and 602,491 grid cells for the coarse and fine mesh respectively. The
mesh independency study is carried out for the outdoor conditions given in Figure 2-3. The peak
solar radiation intensity is 665 W/m2. The maximum and minimum outdoor air temperature are
9.52°C and -0.83°C, respectively. The average wind speed is 0.48 m/s with a peak of 1.46 m/s that
occurs at 2:00 pm.
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Figure 2-4: The effect of mesh refinement on the solution convergence of the mid-cavity air

velocity

Figure 2-4 compares the predictions of the mid-cavity air velocity for the coarse mesh, normal
mesh, and fine mesh. As the mesh is refined from the coarse mesh to the normal mesh, the peak
velocity increases from 0.467 m/s to 0.508 m/s (i.e., an 8.7% increase). A subsequent refinement
of the mesh from the normal mesh to the fine mesh increases the peak velocity by 0.90% (i.e.,
from 0.508 m/s to 0.520 m/s). The relative change is marginal; hence, the normal mesh is deemed
sufficient to capture the airflow characteristics in the ventilated cavity.
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2.2.2 CFD Validation Results

The results from the CFD model validation are presented in this section. The Root mean square

error (RMSE) given in Equation 2-10 is adopted to quantify the numerical error (Chai & Draxler,
2014).

10" 2 .
RMSE = \/;Z Osim = Yerp) Equation 2-10
i=

2.2.2.1 Interior and Exterior Boundary Conditions

Figure 2-5a and Figure 2-5b compare the CFD prediction of the interior wallboard temperature
and cladding temperature with the experimental data. The mini-wall sketch shows the respective
sensor locations. There is good agreement between the numerical prediction and the experimental
data. The RMSE for the numerical prediction of the temperature on the interior wallboard and
cladding is 0.29°C and 1.93°C respectively.
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Figure 2-5: Comparison of the CFD prediction of the (a) interior wallboard temperature and (b)
cladding temperature, with experimental data

The error in predicting the cladding temperature may be attributed to the uncertainties in
determining the sky radiation because of the numerical transformation of the cloud cover. Also,
the interpolation method between time steps may also contribute to the numerical error. This
manifests as a phase lead of the CFD predicted cladding temperature compared with the
experimental data especially at the morning solar rise (i.e., 6am). However, the errors are
consistent with literature on airflow in a ventilated cavity. Kuznik et al. (2011) reported errors
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within 1.5°C of the experimental data. Jiru & Haghighat (2008) predicted temperatures with errors
of more than 5°C. Seferis et al. (2011) reported mean and maximum temperature prediction errors
0f 2.19°C and 6°C respectively.

2.2.2.2 Ventilated Cavity Thermal and Flow Characteristics

The mid-cavity air velocity and the temperatures at different heights are then assessed to validate
the cavity flow and thermal characteristics. Figure 2-6a compares the CFD prediction of the mid-
cavity air velocity with the experimental data. As seen in Figure 2-6a, there is good agreement
between the numerical model prediction and the experimental data, although, the peak velocity is
slightly overestimated. Further, the discrepancy may be attributed to the phase difference between
the predicted value and the experimental data. The RMSE is 0.056 m/s.
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Figure 2-6: Comparison of the CFD prediction and experimental data for the (a) mid-cavity air
velocity, (b) mid-cavity air temperature, (c) upper-cavity air temperature, and (d) lower-cavity
temperature
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Figure 2-6b, Figure 2-6¢ and Figure 2-6d compare the CFD prediction of mid-cavity temperature,
upper-cavity temperature and lower-cavity temperature. The RMSE in predicting the mid-cavity
temperature, upper-cavity temperature and lower-cavity temperature is 1.28°C, 1.76°C and 1.60°C
respectively. Hence, numerical model can be relied upon to sufficiently capture the enthalpy gain

of the airflow in the cavity.
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Figure 2-7: Streamlines of velocity and temperature contours for the (a) top flashing and (b)
bottom flashing at peak solar conditions

In Figure 2-6d, the influence of the flashing on the inlet air can be seen. The inlet air temperature
is cooler than the outdoor temperature at night-time due to sky radiation and warmer than the
exterior temperature during the day. The flow structure in Figure 2-7 further asserts the impact of
the bottom flashing on the air flow in the ventilated cavity for the hottest hour of the day. The
elevated temperature of the cladding, bottom flashing and the ground in the immediate wall

surrounding induces an upward flow in the ventilated cavity. The top flashing impedes the upward
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fluid motion which creates a negative pressure gradient in the immediate upstream and results in
flow recirculation as shown by the flow streamlines.

2.2.2.3 Interstitial Temperature Profile

Figure 2-8a - d compares the interstitial temperature profile for the numerical model and the
experimental data. Particularly, the sheathing temperature adjacent to the ventilated cavity at the

middle, top and bottom location is compared with experiment. The interior wall board temperature
is also considered.
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Figure 2-8: Comparison of the CFD prediction and experimental data for the (a) external gypsum
middle temperature, (b) middle sheathing temperature, (c) upper sheathing temperature, and (d)
lower sheathing temperature
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The RMSE for predicting the interior wallboard temperature (Figure 2-8a) is 0.72°C. The error
may be attributed to the uncertainty in the thermophysical properties of the interior wall board.
Also, there may be thermal contact resistance effects that are not captured in the numerical
simulation. The RMSE for predicting the middle, top and bottom sheathing temperatures are
1.39°C, 1.78°C and 1.41°C respectively. This error is more pronounced when the solar radiation
intensity is low as seen in Figure 2-8b-d. The middle sheathing temperature is predicted with the
least error of the three locations. This is expected since the influence of the top and bottom

openings are not prominent.

2.3 PARAMETRIC ANALYSIS - Results and Discussions

The parameters considered were the sheathing membrane emissivity, the air gap width, the channel
height, and the cladding material type. The climate and interior conditions for typical cold and hot
days of the 2012 calendar year are presented in Section 2.3.1. The weather data is derived from in-
house weather station; however, the cloud cover is derived from archived Environment Canada
data for the Vancouver Int’l Airport weather station. The impact of the parameters earlier listed
are compared to a reference wall assembly with no airgap. The heating and cooling load for the
reference wall assembly has been determined to be -158 kWh/m? and 66.1 kWh/m? for the typical
cold and hot day respectively.

2.3.1 Exterior climate and Interior Conditions

The parametric analysis is carried out for a cold day and hot day, which are representative of winter
and summer performance respectively. The solar radiation, wind speed, and outdoor air
temperature are given in Figure 2-9a for the typical cold day (i.e., January 18", 2012) and Figure
2-9b for the typical hot day (i.e., August 17", 2012). The average outdoor air temperature is -6.8°C
and 24.2°C for the cold and hot day respectively. Wind speeds of up to 1.67 m/s and 1.27 m/s are
seen on the cold and hot day respectively. The simulation period is extended to include January
17" for the cold day simulation and August 16™ for the hot day simulation to limit the influence
of the initial conditions. The interior temperature is assumed to be maintained at 21°C and 23°C

for the cold and hot day simulation respectively.
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Figure 2-9: The exterior climate parameters for the typical (a) cold day, and (b) hot day

2.3.2 Impact of sheathing membrane emissivity

The sheathing membrane emissivity is varied as in Table 2-1. In all instances, the air gap width is
13 mm with fiber cement cladding and a 1-storey channel height (i.e., 2440 mm). Figure 2-10a-i &
Figure 2-10a-ii show the cladding and sheathing temperature for the emissivity values considered
under cold outdoor conditions. The cladding temperature is similar for the range of emissivity
values considered (i.e., 0.1, 0.3, 0.6, and 0.9). The cladding temperature fluctuates between 0.84°C
and -7.62°C. The cladding temperature is always higher than the outdoor air temperature even at
night because the cloudy sky cover, limits the intensity of the sky radiation. As seen in Figure
2-10a-ii, the higher the emissivity the lower the sheathing temperature which is more pronounced
at night. The higher sheathing temperature translates to a higher induced mid-cavity air velocity
especially at night for the sheathing membrane emissivity of 0.1 as seen in Figure 2-10a-iii. The
induced air flow enhances convective heat loss and is shown by the higher air temperature for € =
0.1 compared with 0.9 in Figure 2-10a-iv. There is a conflicting influence of the radiation heat
exchange and the convection heat exchange in the air cavity. The relative impact of both means of
heat exchange on the heat transfer across the wall assembly is assessed by quantifying the energy
flows. The wall heat fluxes for the case with the sheathing membrane emissivity of 0.1, 0.3, 0.6,
and 0.9 are -144 kWh/m?, -146 kWh/m?, -148 kWh/m?, and -149 kWh/m? respectively. It is then
deduced that the heating load is respectively reduced by 8.86%, 7.59%, 6.33%, and 5.70%

compared with the reference wall assembly. This increasing heat flux with emissivity implies that
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the heat loss associated with long-wave radiation is more dominant than the heat loss associated

with convection due to the increase of the air flow for the lower emissivity wall.
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Figure 2-10: The effect of varying the sheathing membrane emissivity on the (1) cladding surface
temperature, (1) sheathing temperature, (111) mid-cavity air velocity, and (1) mid-cavity air
temperature

For the hot day case study, the cladding temperature is significantly hotter than the cold day study
as seen in Figure 2-10b-i. The temperature fluctuates between 14°C and 55°C. The sheathing
temperature follows the same trend as the cladding surface temperature; however, there is a
noticeable offset between the peak temperatures of the cladding and the sheathing that correlates
with the sheathing membrane emissivity. As seen in Figure 2-10b-ii, the peak sheathing
temperatures are 46.0°C, 47.8°C, 48.9°C, and 49.4°C for the emissivity values of 0.1, 0.3, 0.6, and
0.9 respectively. The increasing peak temperatures with emissivity is attributed to the higher
intensity of long wave radiation exchange in the channel. The induced velocity in the ventilated
cavity is significantly higher in Figure 2-10b-iii for the hot day case study compared to the cold
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day case study (See Figure 2-10a-iv), which is attributed to the higher temperature difference with

the outdoor air.

The induced airflow in the ventilated cavity is similar for the emissivity values considered. The
peak air velocity is 0.51 m/s, 0.52 m/s, 0.53 m/s, and 0.53 m/s for the emissivity values of 0.1, 0.3,
0.6, and 0.9 respectively. As such, the air temperature in the ventilated cavity is also similar (Figure
2-10b-iv). The wall heat flux for the case with the sheathing membrane emissivity of 0.1, 0.3, 0.6,
and 0.9 is 52.7 kWh/m? (-20.3%), 54.8 kWh/m? (-17.1%), 56.2 kWh/m? (-15.0%), and 56.8 kWh/m?
(-14.1%) respectively. Note that the values in parenthesis signify the performance compared to the
reference wall. This convention is followed throughout. The heat gain increases by 7.78% as the
emissivity is increased from 0.1 to 0.9. The increase in heat gain attributed to the increase of the
sheathing membrane emissivity is small for € > 0.6. The sheathing membrane emissivity has more

impact on the wall heat flux during summer than winter.

2.3.3 Impact of air gap width

Initially, the air gap width is varied from 13 — 50 mm. In all cases, the sheathing membrane
emissivity is 0.2 with fiber cement cladding and a 2440 mm channel height. Figure 2-11a shows
the cladding temperature for the different air gap widths during the cold day case study. The
cladding temperature is similar in all cases. The sheathing temperature decreases with the air gap
width especially at peak solar conditions (Figure 2-11b). The peak sheathing temperature is
1.59°C, 0.90°C, 0.53°C, and 0.07°C for the air gap widths of 13 mm, 19 mm, 25 mm, and 50 mm
respectively. This is attributed to the change in the flow characteristics with increase in gap width.
Figure 2-11c shows that the mid-cavity velocity increases with increase in gap width for § < 25
mm and reduces for § > 25 mm. The modified Rayleigh number, Ras(6/H) in Figure 2-11e shows
that the airflow in the cavity changes from a fully developed flow (i.e., Ras(6/H) < 10) for § <13
mm to an isolated plate flow (i.e., Ras(6/H) > 100) for § > 25 mm. The natural convective mixing
in the mid-cavity significantly diminishes for the isolated plate flow as reflected in the deviation

from the parabolic velocity profile for § > 25mm (See Figure 2-11g).

The diminished natural convective mixing is demonstrated in Figure 2-11d and Figure 2-11h. As
the air gap increases, the mid-cavity temperature decreases as well as the enthalpy gain along the
channel height. Consequently, the plywood sheathing temperature is lower for higher cavity widths
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as seen in Figure 2-11b. The energy implication of varying the airgap is seen in Figure 2-11f. The
peak heat flux increases slightly and occurs one hour later compared with the reference case with
no airgap. The heat loss at night for the reference wall is significantly lower than the cases with
the airgap. This suggests the air gap affords an additional thermal resistive value. Hence, the
diurnal variation of the heat flux for the reference case is more significant than the cases with the
air gap. This yields a reduction in the heating load of 8.23%, 8.23%, 7.59%, and 6.33% for & values

of 13 mm, 19 mm, 25 mm, and 50 mm respectively.
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Figure 2-11: The effect of varying the air gap width on the (a) cladding temperature, (b)
sheathing temperature, (c) mid-cavity air velocity, (d) mid-cavity air temperature, (e) Rayleigh
number, (f) Heat flux, (g) Velocity profile across the cavity at peak conditions, and (h)
Temperature along the height for the cold day case study

In the hot day case study, more elevated surface conditions are expected as evidenced by the
cladding temperature in Figure 2-12a. The cladding temperature is lower than the outdoor air
temperature at nighttime due to night sky radiation cooling. This induces back flow in the air cavity
as shown by the slightly negative air velocity in Figure 2-12c. However, at peak solar radiation
intensity, the induced air velocity is up to 0.51 m/s, 0.57 m/s, 0.56 m/s and 0.46 m/s for the gap
widths of 13 mm, 19 mm, 25 mm, and 50 mm respectively. The decrease in the mid-cavity air
velocity for § > 25 mm is attributed the change in the flow structure from a boundary layer flow
to an isolated plate flow. This is illustrated by the modified Rayleigh number in Figure 2-12e. The
maximum modified Rayleigh number is 19, 89, 271 and 4120 for gap widths of 13 mm, 19 mm,
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25 mm, and 50 mm respectively. Similar to the flow observation for the typical cold day, the
enthalpy gain associated with airflow in the cavity reduces with increase in the air gap width as
seen in Figure 2-12h.

In simple terms, the volumetric flow increases with increase in the air gap width. This reduces the
strength of the buoyancy drive in the cavity for the same solar heat flux intensity. This is reflected
in the deviation from the parabolic velocity profile for § > 25 mm at peak conditions as seen in
Figure 2-12g. In fact, by comparing the sheathing temperature (Figure 2-12b) and the mid-cavity
temperature (Figure 2-12d), it is seen that the peak mid-cavity temperature is higher than the peak
sheathing temperature for § = 13 mm (i.e., mostly fully developed flow regime). The peak mid-
cavity temperature and the peak sheathing temperature are similar for § = 25 mm (i.e., on-set of
isolated plate flow) and the sheathing temperature is higher than the mid-cavity temperature for &
=50 mm. The relatively higher sheathing temperature for § = 50 mm is sustained by the long-wave
radiation exchange in the air cavity. The peak sheathing temperature is 47°C, 43°C, 41°C, and
39°C for the air gap widths of 13 mm, 19 mm, 25 mm, and 50 mm respectively. This translates to a
significant heat gain reduction for higher air gap widths as seen in Figure 2-12f. The wall heat
fluxes for § values of 13 mm, 19 mm, 25 mm, and 50 mm are reduced by 18.5%, 28.1%, 33.0%

and 38.9% respectively compared to the reference wall.
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It was shown that the flow changed from a fully developed flow to an isolated plate flow for § =
25 mm. Further, the air gap is increased up to 381 mm (i.e., 15 in), to understand the optimal air
gap configuration to minimize the building heating and cooling load. Figure 2-13 shows the impact
of varying the air gap width on the heat gain and heat loss for the typical hot and cold day. It can
be seen from Figure 2-13a, § = 13 mm (i.e., 0.5 in) minimizes the winter heat loss. Also, Figure
2-13b shows that increasing the air gap width beyond 127 mm (i.e., 5 in) has negligible additional

heat gain reduction benefits.
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Figure 2-13: The impact of varying the air gap width on (a) winter heat loss, and (b) summer
heat gain.

2.3.4  Impact of channel height

The channel height is doubled and its impact on the energy is assessed. For the single and double
height channels, the air gap width is 13 mm, the sheathing emissivity is 0.2, and the cladding is
fiber cement. Figure 2-14a shows the impact of doubling the height of the wall assembly on the
heat transfer and flow dynamics in the ventilated cavity for the cold day case study. The sensor
probe locations have been scaled accordingly with the height ratio factor for the double height

wall.
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Figure 2-14: The effect of varying the channel height on the (1) cladding temperature, (I1)
sheathing temperature, (111) mid-cavity air velocity, and (I\V) mid-cavity air temperature

The cladding temperature (Figure 2-14a-i) is similar for the wall heights considered. However, as
seen in Figure 2-14a-iii, the induced velocity is higher for the 2-storey wall than the 1-storey wall.
The maximum velocity for the cold day case study is 0.28 m/s and 0.33 m/s for the 1-storey and 2-
storey wall respectively. This is because the pressure difference in the air channel due to the normal
stack effect is proportional to the height of the air channel. Although, the mid-cavity velocity is
higher for the 2-storey wall height, the sheathing temperature and the mid-cavity air temperature
for both channel heights are similar as seen in Figure 2-14a-ii and Figure 2-14a-iv respectively.
The peak sheathing temperature for the 1-storey and 2-storey wall height is 1.59°C and 1.91°C
respectively while the peak mid-cavity temperature is 0.87°C and 1.19°C respectively. The
temperature difference is attributed to the continuous heating of the air along the height of the air
channel such that at point of interest (i.e., sensor location), the 2-storey wall is slightly warmer
than the 1-storey wall. The impact on the wall heat transfer is negligible as the wall heat flux is
reduced from -145 kWh/m? (-8.23%) to -144 kWh/m? (-8.86%).

Similarly, the effect of doubling the height on the heat gain for the hot day case study can be seen
in Figure 2-14b. As seen in Figure 2-14b-i, the cladding temperature for the 1-storey and 2-storey
ventilated cavity are similar. The peak velocity is increased from 0.51 m/s for the 1-storey cavity
to 0.63 m/s for the 2-storey cavity as seen in Figure 2-14b-iii. This is suggestive of non-linearity
between the channel height and the temperature increase of the air in the channel. As such, the

sheathing and mid-cavity temperature for the 2-storey ventilated cavity are not significantly higher
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than the 1-storey cavity as seen in Figure 2-14b-ii and Figure 2-14b-iv respectively. The peak
sheathing temperature for the 1-storey and 2-storey cavity is 47.1°C and 49.3°C respectively while
the peak mid-cavity temperature is 48.6°C and 50.8°C respectively. This higher sheathing
temperature translates to a 5.94% increase in the heat gain for the 2-storey wall from 53.9 kWh/m?
(-18.5%) to 57.1 kWh/m? (-13.6%).

2.3.5 Impact of cladding material

The cladding materials considered are fibre cement board, brick, and metal. To maintain
congruency amongst the cladding alternatives, the cladding and sheathing emissivity are 0.5 and
0.2 respectively, the air gap width is 25 mm and the channel height is 2440 mm for all instances.
Figure 2-15a-i compares the cladding temperature for the cladding materials investigated under
cold outdoor conditions. Initially, the brick cladding temperature is the warmest due to the sensible
heat stored up from the previous day. Eventually, the stored heat diminishes, and the cladding
surface temperatures are similar at 5:00am. Then the solar radiation intensity increases after
6:00am as seen from the increase in cladding temperature. There is attenuation of the peak cladding
temperature for the brick cladding due to the higher thermal storage capacity. The peak cladding
temperature is 0.76°C, -0.98°C, and 0.69°C for the fiber cement, brick, and metal cladding
respectively. The impact of the higher thermal mass of the brick cladding on the sheathing
temperature can be seen in Figure 2-15a-ii. The peak sheathing temperature is attenuated and
shifted 1.75 hours compared to the other cladding materials. The peak sheathing temperature is

0.53°C, -0.05°C, and 0.68°C for the fiber cement, brick, and metal cladding respectively.

Also, notice that the nighttime temperature for the brick cladding is higher than the other sheathing
materials which should contribute considerably to energy flows through the wall. As seen in Figure
2-15a-iv, the air temperature in ventilated cavity follows the same trend as the sheathing
temperature. The air velocity is more stable in the wall assembly with brick cladding as seen in
Figure 2-15a-iii and is attributed to the heat storage and release in the day and nighttime
respectively. The energy flows are equal for the fiber cement and metal cladding (i.e., -146 kWh/m?
= -7.59%). However, the heat loss is reduced by 1.32% for the brick cladding (i.e., -144 kWh/m?
= -8.86%).
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Figure 2-15: The effect of varying the cladding material on the (1) cladding surface temperature,
(11) sheathing temperature, (111) mid-cavity air velocity, and (I\V) mid-cavity air temperature

Figure 2-15b-i compares the cladding temperature for the cladding materials investigated under
warmer outdoor conditions. The impact of the thermal mass on the cladding temperature can be
seen and manifests as peak attenuation and trough increase with brick cladding. The peak cladding
temperature is 55°C, 49°C, and 55°C for the fiber cement, brick, and metal cladding respectively.
Similarly, as seen in Figure 2-15b-ii, the peak sheathing temperature is 41.0°C, 37.9°C, and 42.1°C
for the fiber cement, brick, and metal cladding respectively. The minimum sheathing temperature
for the hot day case study is 16.1°C, 18.3°C, and 16.3°C for fiber cement, brick, and metal cladding
respectively. The mid-cavity air temperature also follows the same trend as the sheathing
temperature (see Figure 2-15b-iv). Again, the air velocity for the full day simulation is more stable
for the brick cladding as seen in Figure 2-15b-iii. The peak attenuation of the sheathing temperature
with brick cladding results in a 4.29% heat gain reduction from 44.3 kwWh/m? (-33.0%) for the fiber
cement cladding to 42.4 kwWh/m? (-35.9%). Similarly, the heat gain increases by 4.29% for the
metal cladding to 46.2 kWh/m? (-30.1%).

2.4 CONCLUSION

The effect of the ventilated channel design parameters on the energy flows across the wall
assembly of the typical rainscreen wall assembly was studied numerically using CFD. The CFD
model was first validated with in-house experimental data to a reasonable degree of accuracy.

Following, the influence of the air gap, sheathing membrane emissivity, ventilation channel height,
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and cladding material on the wall heat flux are investigated. The heat transfer assessment is carried
out for a typical hot and cold day, which are representative of summer and winter performance

respectively.

The results show that the higher the emissivity of the sheathing membrane, the higher the heat gain
during summer and heat loss during winter. As the air gap width is increased, the flow structure
changes from a boundary layer flow to an isolated plate flow. The increased volume flow
associated with the isolated plate flow ensures that the cavity air temperature is close to the outdoor
air temperature. As such, the heat loss is enhanced slightly by up to 8.23% during winter and the

heat gain is reduced by up to 38.9% during summer for the range of air gap widths investigated.

Increasing the channel height has negligible impact on the heat loss in winter, however, the heat
gain for the hottest day is increased by 5.94% as the channel height is doubled. This is attributed
to the continues heating of the air with height which potentially increases the sheathing
temperature. Alternative cladding materials were investigated, namely: Fiber cement, brick, and
metal cladding. The wall assembly with brick cladding showed the least heat loss for the cold day
case study while the fibre cement and metal cladding showed similar heat loss. The thermal
massing of the brick reduced the summer heat gain by 35.9% due to its better thermal regulation

characteristics. The metal cladding recorded the highest heat gain of 4.29%.
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Chapter 3

3  BIPV with transverse rib roughened air channel - Parametric
analysis of the effect of transverse roughness shape,
roughness height (e/D), roughness spacing (p/e), and channel
angle (9) on the turbulent natural convection heat transfer

Building integrated Photovoltaic and Thermal (BIPV/T) Systems enhance the economical
feasibility of solar panels. BIPV/Ts replace conventional building materials in certain parts of the
building envelope (Agathokleous & Kalogirou, 2016). This multi-functionality of BIPV/Ts
increases the cost effectiveness of integrating photovoltaics in buildings (Peng et al., 2011).
However, overheating is a concern with BIPV since about 80% of the incident solar radiation is
wasted as heat and manifests as an increase in the cell temperature. It is well known that the
electrical conversion efficiency reduces with increase in cell temperature. In extreme cases (i.e.,

T¢> 100 °C), the elevated temperature can lead to damage from thermal stressing.

BIPVs are typically installed on the building envelope with an air gap for thermal regulation. The
air flow in the gap is driven actively or passively. In an active configuration, air flow in the channel
is driven by fans. The advantage of the active system is its operational flexibility. It can be directly
integrated with the heating, ventilation and air conditioning (HVAC) or the domestic hot water
(DHW) system since the flow rates are predictable and mildly affected by the environmental
conditions. Although, higher convective heat transfer coefficients can be achieved with forced air
cooling, the passive thermal regulation is simple and cost effective (Yilmaz & Fraser, 2007). In
the passive system, the air flow is driven by natural convection. The effectiveness of natural
convection as an effective BIPV thermal regulation strategy has been demonstrated in literature.
Up to 20°C reduction in PV surface temperature was achieved which was accompanied by a
significant increase in the electrical output (Brinkworth et al., 1997). An increase in the annual
electrical generation of up to 4% was attributed to the natural ventilation of the PV fagade
(Shahrestani et al., 2017). Han et al. (2019) found that the maximum PV surface temperature
decreased by 8°C due to free convection. Further, it was shown that mounting the BIPV with a
narrow channel can reduce the operating temperature of the photovoltaic panel by up to 10°C

(Hamed et al., 2019; Tonui & Tripanagnostopoulos, 2008).
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The effectiveness of natural convection cooling of BIPV is limited by the lower heat transfer
coefficients associated with the low flow rates in the air channel. The heat transfer effectiveness
can be enhanced by appending roughness elements on one or both surfaces of the vertical channel
(Abidi-Saad et al., 2017). The roughness could induce disturbances in the laminar boundary layer
thus causing premature transition to turbulence. Also, the roughness elements, if heated, add an
extra heat transfer surface area (Sarper et al., 2018). The induced turbulent mixing can increase
the heat transfer coefficient considerably (Brinkworth & Sandberg, 2006; Sinha & Dash 2014).
This manifests as lower surface temperatures in the ribbed wall duct compared with the smooth
channel (Brinkworth & Sandberg, 2006). However, the presence of numerous large ribs can reduce
the flow. As such, some authors have reported lower heat transfer coefficients for the ribbed duct
compared with the smooth duct (Desrayaud & Fichera, 2002; Cavazzuti & Corticelli, 2008;
Ambrosini et al., 2005). In fact, up to 44% reduction in the heat transfer coefficient is possible
(Tanda, 1997).

From the review of literature, there is limited research on the impact of ribs on the natural
convection heat transfer coefficient in channels (Abidi-Saad et al., 2017). The available research
has been focused on laminar natural convection and suggests a deficiency of theoretical work on
the turbulent natural convection in vertical parallel-plate channel (Sanvicente et al., 2013; Federov
& Viskanta, 1997). Also, most research investigated only the square shaped ribs with fixed
geometry (Desrayaud & Fichera, 2002). Hence, further developments on the influence of
parametric changes in the obstacle geometry are required. The aim of this study is to numerically
investigate the impacts of the ribs design on the turbulent natural convection heat transfer
coefficient in BIPV channels with emphasis on the effect of rib shape, blockage ratio, rib spacing

and channel inclination angle.

3.1 METHODOLOGY

The numerical study is conducted using computational fluid dynamics (CFD) and validated using
experimental data from literature. The experimental study investigated natural convection airflows
in an asymmetric heated vertical parallel channel, which is the typical heating configuration for a
BIPV/T air channel (Yilmaz & Fraser, 2007). The brief description of the experimental data is

given in Section 3.3.1. To validate the numerical model, the temperature, velocity, and kinetic
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energy profiles at different height locations in the open-air channel are compared with the

experimental data.
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Figure 3-1: Hllustration of the BIPV air channel roughened with transverse square ribs
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Figure 3-2: The roughness geometries considered in the study: (a) square (b) triangle (c) circle and (d)

semi-circle
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Following the CFD validation, a parametric analysis is conducted to understand the impact of
various geometric and flow parameters on the convective heat transfer on the heated wall. The
variables considered in this paper are rib shape, blockage ratio, rib spacing, channel inclination
angle, and Rayleigh number (See Figure 3-1 and Figure 3-2). The simulation matrix for the

variables considered is summarized in Table 3-1.

Table 3-1: Variables examined in the numerical study

Parameter Iterations

Heat Flux, W/m? 100, 400, 700, 1000

Rib shape Square, semi-circle and triangle

Blockage ratio (e/D) 0.01, 0.03, 0.05, 0.08, 0.11, 0.20, and 0.30
Relative rib pitch (p/e) 5,7.5,10, 15, 20, 30, and 50

Channel inclination angle (#) 0, 45, 60, and 75 degrees

3.2 Governing Equations

The governing equations for the two-dimensional conjugate heat transfer natural convection
problem adopted in this work are given in Equation 3-1, Equation 3-2, Equation 3-3, and Equation

3-4.

Continuity equation:

d(pu) 9a(pv) Equation 3-1
+ =0
dx dy

X-component of momentum equation:

d(puu) J(puv) oP 07 Ou 0 du Equation 3-2
P b b
dx ady dx OJx| dx] adyl ady
y-component of momentum equation:
Equation 3-3

a(pvu) N a(pvv) 0P 0

N [av]+a[617+(_ )
dax ay ay ax |H ax ay”ay P~ P28
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Energy equation:

a(pufl) N a(pvT) @ Equation 3-4

x dy ox

[r— + S,

An important feature of a buoyant flow in a rectangular cavity is the concurrent occurrence of
laminar, transitional, and turbulent regimes along the vertical walls (Lau et al., 2013). Hence,
Equation 3-1 to Equation 3-4 are solved directly for the laminar region. However, I" and p are
substituted with Tet (i.e., T' + I't) and perr (i.€., u + pt) respectively in the turbulent region. In
Equation 3-4, the source term (i.e., Sp) is derived from the radiative transfer equation (RTE).
Radiation is modeled using the Discrete Ordinate Method (DOM). Turbulence is modeled using
the standard low reynolds number k-epsilon turbulence model as it is suitable for the natural
convection flows (Siemens, 2018). The transport equations for the turbulent kinetic energy, k, and

the turbulent dissipation rate, € are given in Equation 3-5 and Equation 3-6 respectively.

0k Ok
(pu) ox + (pv) 3y
a [( ) ] [( t)g_k Equation 3-5
X ) 3y

+ (Pk — p(e —&))

d U\ 0€ d ut> de
(pu) + (pv) ay dx [(” * at) ax] * ady [(” * g,/ dy
Equation 3-6

£ g,

1
— C P, Cc (———)
+Te e1Pe — pCezf T. T,

In Equation 3-1 to Equation 3-6, p is fluid density, « and v are x and y compponens of velocity
respectively, u is dynamic viscosity, u, is turbulent dynamic viscosity, P, and P, are production
terms, f, is damping function, T, is specific time scale, and k, and ¢, are ambient turbulence

values that offset turbulence decay. The model coefficients are: C, = 0.09, op =1, 0, = 1.3, ¢, =

1.92, C,, = 1.44.
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3.3 Validation of Numerical Model

The numerical model is validated in this section. The experimental data is first presented, then the

numerical simulation setup is outlined.

3.3.1 Experiment Data

The experiment is situated in a laboratory (Yilmaz & Fraser, 2007) and is designed to study natural
convection air flows in an asymmetric heated vertical parallel channel. The flow channel is 3 m
high and 1 m wide with an aspect ratio of depth to height (S/H) of 0.0333. The flow channel is
formed by a heated front wall, a glass back wall and Perspex side walls. The heated wall consists
of the 6.35 mm aluminum plate, serpentine graphite electric resistance heaters, 25 mm fiber
insulation material and 19 mm plywood backing. The aluminum plate is highly polished to limit
radiative heat transfer in the flow channel. The aluminum plate is fitted with thermocouples to
monitor the surface temperature. The thermocouples are installed at the centerline of the plate at
0.30 m intervals such that the dimensionless height (i.e., y/H) is 0.03, 0.27, 0.50, 0.80, and 0.98.
Velocity measurements in the flow channel are by means of a Laser-doppler anemometry (LDA)
system. The velocity readings are taken across the air channel at the same height as the temperature

readings.

3.3.2  Numerical Simulation Setup

3.3.2.1 Computational Domain

The two-dimensional computational domain is shown in Figure 3-3. A two-dimensional approach
is taken since varying the aspect ratio had negligible impacts on the convective heat transfer
coefficient (Desrayaud & Fichera, 2002). The BIPV panel is represented by a 5 mm thin aluminum
material. The air channel is modelled as a rectangular cross-section that consists of the entrance
section (0.5 m), ribbed section (2.0 m) and exit section (0.5 m). The thermophysical properties of
air and aluminum are given in Table 3-2. The entrance section ensures a relaminarized flow before
the ribbed section. Similarly, the exit section ensured negligible effects of the top opening. In the
ribbed section, transverse ribs are attached to the hot wall (i.e., the right surface) and are of the
same material as the BIPV (i.e., Aluminum). The contact resistances between the transverse ribs

and the BIPV are not considered. The square ribs have been shown for illustrative purposes,
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however, the channel with triangular rib and the semi-circular rib have similar geometry. In all rib
shape instances, the blockage ratios (i.e., e/D) are equal. The channel depth is 0.1 m to ensure
adequate airflow on naturally ventilated systems and ensure low PV temperatures to avoid
efficiency decrease (Agathokleous & Kalogirou, 2018; Fossa et al., 2008).
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Figure 3-3: The 2D computational domain and boundary conditions

The ribs in the channel are sized such that the blockage ratio (i.e., e/D) varies from 0.01 — 0.30,
the relative pitch ratio (i.e., p/e) varies from 5 — 50, and the inclination angle of the channel varies
from 0 — 90 degrees. Refer to Table 3-1 for the discrete values within the range of parameters
investigated. A uniform heat flux is considered on the PV surface, which is representative of the

net heat gain on the BIPV surface.
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Table 3-2: Material properties of the components of the wall assembly?

Material Density Thermal Conductivity Specific Heat

[kg/m?>] [W/mK] [J/kg/K]
Aluminum 2702 237 903
Airb - - -

®material properties adopted from ASHRAE Handbook of fundamentals, 2017
dtemerature dependent air properties

3.3.2.2 Mesh Generation

The computational domain is discretized with a polygonal and prism layer mesh. The typical mesh

sizeis4.0mm (i.e., %S); however, the mesh is refined around the rib elements in the ribbed section

1

to effectively capture the recirculation flow. The mesh is 0.4 mm (i.e., (10)%5) around the rib

elements. Five prism layer meshes with a total thickness of 0.4 mm and geometric stretching factor

of 1.5 are employed to capture the near wall viscous dominated flow. The smooth transition from

the finer cells around the roughness elements to the relatively coarse grid cells in the entrance and

exit sections is ensured by specifying a surface growth ratio of 1.3. The typical meshing is shown

in Figure 3-4.

Figure 3-4: Mesh of the computational domain for e/D = 0.11 and p/e = 7.5 — Normal mesh
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Grid sensitivity study is conducted with two additional meshing architypes. A Coarse mesh and
Fine mesh with the typical mesh size of %S and %S respectively. For consistency, the other mesh

parameters are scaled with respect to the typical mesh size. The grid sensitivity study is conducted
for a typical solution domain with e/D — 0.11, p/e — 7.5, 6 — 0 degrees, and ¢” — 400 W/m?. The
rate of change of the average Nusselt number with further mesh refinement is monitored to assess
mesh independency. Table 3-3 shows that refinement of the mesh beyond the normal mesh has
negligible impact on the Nusselt number. Hence, the normal mesh is enough to capture the flow
characteristics.

Table 3-3: Summary of mesh independency study

No. Mesh Typical Grid size* Nu % Increase in Nu
1 Coarse 0.20S 19.225 -

2 Normal 0.04S 18.330 -4.7%

3 Fine 0.02S 18.256 -0.38%

*Where S is the channel depth

3.3.2.3 Boundary Conditions and Solution Strategy

The boundaries of the computational domain (Figure 3-3) are identified with roman numerals | —

IV. The specifications for the boundaries of the computational domain are given in Table 3-4.
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Table 3-4: Specification of boundary conditions for the computational domain

No. Boundary Condition Coordinates  Description

I Pressure Outlet x:0<x<S§ Boundary specified at ambient air temperature
y: 0 (23°C) and atmospheric pressure. The turbulent
Intensity is initialized to 15% as per Tkachenko et

al. (2016).
Il Pressure Outlet x:0<x<S§ Boundary specified at ambient air temperature
y: H and atmospheric pressure. The turbulent kinetic

energy and turbulent specific dissipation rate are

initialized to 0 J/kg and 0 m?/s® respectively.

I Uniform Heat Flux x:0 Z_; = q''; where ¢ varies from 100 W/m? — 1000
c0<y<H

<

W/m?. No slip boundary condition.
IV Adiabatic wall X: S No lateral heat transfer. No slip boundary

y:0<y<H condition.

The 2D natural convection problem is solved in Simcenter STAR-CCM+ that uses the finite

volume method. The solution is converged for all residuals less than 107,

3.3.2.4 Performance Indicators

The average Nusselt number gives an indication of the convective heat transfer effectiveness
(Equation 3-7)
Equation 3-7

. hD
Nu=f(Ras)=T

where, D is the channel depth, k is the thermal conductivity of air, h is the average convective heat

transfer coefficient, and Ra; is the modified Rayleigh number defined in Equation 3-8.

. _9Bq"S* Equation 3-8
Ras = av
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The fluid properties in Equation 3-7 and Equation 3-8 are evaluated at the film temperature
(Tsurf +Tref)/2). The heat transfer enhancement or Nusselt number ratio attributed to the

presence of the rib in the air channel is given in Equation 3-9.

Nu i -
Nu,,, = r/Nus Equation 3-9

In Equation 3-9, Nu, and Nu, are the Nusselt number and friction factor for the roughened channel
and the smooth channel respectively. The heat transfer augmentation is more significant than the

system pressure loss for Nu,,; > 1 and vice versa.

3.3.3 Validation Results

The validation results are presented in this section. The temperature and velocity at different
locations are compared with the experimental data. The accuracy of the numerical model is
assessed by comparing the NRMSD (Equation 3-10).

NRMSD =

1 2
\/ﬁ Ei1(Vsim = Vexp) Equation 3-10
y

expmax — Yexpmin

where, ye,, and ys;, are the experimental data and numerical predictions respectively, n is the
number of data points. Y,y max aNd Yexp min are the maximum and minimum data points

attained in the experiment.

3.3.3.1 Temperature Comparison

Figure 3-5 compares the temperature across the channel at different heights (i.e., y/H - 0.03, 0.27,

0.50, 0.80, and 0.98) for the numerical simulation and experimental data.
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Figure 3-5: Comparison of the CFD prediction of the temperature across the air channel with

experiment

In Figure 3-5, x/S = 0 is the hot wall and x/S = 1 is the cold wall. The temperature on the cold wall
is close to the ambient temperature (23.0°C) which may be due to the negligible radiation heat
exchange in the air channel or the much larger width of the cavity. However, the increase in the
wall temperature with height is evident in the cold wall (i.e., x/S = 1) and hot wall (i.e., x/S = 0).
The temperature at x/S =1 for y/H values of 0.03, 0.27, 0.50, 0.80, and 0.98 are 24.4°C, 25.8°C,
26.8°C, 27.1°C, and 30.0°C respectively. The temperature at x/S =0 (i.e., the hot wall) for y/H
values of 0.03, 0.27, 0.50, 0.80, and 0.98 is 71.0°C, 105.6°C, 112.0°C, 112.0°C, and 107.4°C
respectively. The hot wall temperature profile (i.e., x/S = 0) is explicitly shown in Figure 3-6. The
temperature increases from near ambient at the inlet to up to 112°C at the middle of the channel
and decreases at the outlet of the channel. The temperature decrease at the channel outlet in the
numerical simulation is not as pronounced as the experiment. The discrepancy is attributed to
radiation effects that are not adequately captured in the numerical model (Brinkworth & Sandberg,
2006; Sanvicente et al., 2013). The NRMSD for predicting the temperature across the air channel
for y/H values 0f 0.03, 0.27, 0.50, 0.80, and 0.98 is 7.3%, 4.4%, 2.6%, 4.0%, and 5.1% respectively.
The error is more pronounced at the channel inlet and may be attribute to geometrical entrance
effects. The prediction improves along the height of the channel which may be due to the change

of the flow characteristics from laminar to turbulent flow.
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Figure 3-6: Variation of the surface temperature of the heated wall with height

3.3.3.2 Velocity Comparison

Figure 3-7 compares the velocity for the numerical simulation and experiment at different heights
across the air channel. There is generally a good agreement between the numerical prediction and
experimental data for the all the heights. At y/H = 0.03 (i.e., the entrance), the velocity profiles
show a good match for x/S < 0.6. for x/S > 0.6, the CFD model overpredicts the velocity in the air
channel. This may be attributed to the entrance effects not captured in the CFD model. The error
is more pronounced closer to the cold wall in that the strength of the buoyancy drive does not out-
weigh the entrance effect (i.e., x/S = 0). The maximum velocity for the numerical prediction and
experimental data of the peak velocity at y/H = 0.03 is 0.52 m/s and 0.50 m/s respectively. In the
mid-section of the air channel depicted by y/H values of 0.27, 0.50 and 0.80, the velocity is higher
close to the hot wall as expected because of the elevated surface temperature. This is the case in
the experimental data and the numerical prediction. The maximum velocity from experiment at
y/H values of 0.27, 0.50 and 0.80 is 0.61 m/s, 0.73 m/s and 0.86 m/s respectively. The maximum
velocity for numerical prediction at y/H values of 0.27, 0.50 and 0.80 is 0.71 m/s, 0.89 m/s and
0.97 m/s respectively. The deviation between the experimental and numerical prediction may
attributed to the occurrence of both laminar and turbulent flow air channel for the height considered
and 3D effects that may not be captured in the CFD model. The maximum error occurs at y/H =
0.50 and may be an indication of the transition flow which is difficult to predict. At the outlet (i.e.,
y/H = 0.98), the flow air velocity shows a better match with the experimental data. This may be

because the flow is fully turbulent at that point. The peak velocity is 0.86 m/s, and 0.92 m/s for the
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numerical and experimental data. The NRMSD for predicting the velocity for y/H values of 0.03,
0.27, 0.50, 0.80, and 0.98 is 13.5%, 9.8%, 10.2%, 7.3%, and 6.7% respectively.
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Figure 3-7: Comparison of the CFD prediction of velocity across the air channel with experiment

The errors in predicting the temperature and velocity along the height of the channel are consistent
or better than literature. The numerical errors with reference to the experimental data are in the
order of 15 - 20% (Wu & Lei, 2015; Yilmaz & Gilchrist, 2007). However, the numerical errors in
the present CFD for the higher channel heights (i.e., Turbulent natural convection) are better
predicted (i.e., lower than 10.2%). The numerical errors are acceptable and the CFD model can
capture the heat transfer and flow characteristics in the BIPV channel.

3.4 PARAMETRIC ANALYSIS RESULTS AND DISCUSSION

The results from the parametric analysis are presented in this section. The effect of the roughness
shape, roughness height (e/D), roughness spacing (p/e) and channel angle (6) is assessed. In each
case the heat flux is varied from 100 W/m? to 1000 W/m2. The parameters are assessed by

comparing the average Nusselt number and the heat transfer enhancement.

3.4.1 Effect of shape

Figure 3-8a shows the effect of varying the transverse rib shape on the convective heat transfer
coefficient in the air channel. The square rib, triangle rib and semi-circular rib are compared. To
maintain congruency in results between the different rib profiles, the blockage ratio is similar for

all the shape instances considered as well as the width of the roughness elements.
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Figure 3-8: The effect of varying the rib cross-sectional profile on the (a) Nusselt number and (b)

Nusselt number ratio

In Figure 3-8a, Nusselt number increases with increase in Rayleigh number for all simulated cases.
Using the triangular rib as case study, the Nusselt number increases from 14.8 to 29.4 as the
modified Rayleigh number, Ra} is increased from 3.62 x 10! to 1.77 x 102, This occurs
because of the higher induced velocity at higher Rayleigh numbers. The heat transfer enhancement
afforded by appending roughness elements in the air channel can be seen in Figure 3-8a for a
vertical channel (i.e., & = 90°) with the roughness geometry of e/D = 0.3 and p/e = 7.5. For instance,
the average Nusselt number at the modified Rayleigh number of 1.09 x 102 is 17.1, 20.6, 21.4
and 29.4 for the smooth channel, square rib roughened channel, semi-circle rib roughened channel
and triangle rib roughened channel. The enhancement in heat transfer is attributed to the breaking
of the boundary layer that develops on the wall of the smooth channel due to the presence of the
roughness elements. The boundary layer acts as a thermal resistive layer that impedes heat transfer.
The heat transfer enhancement is more pronounced in the channel with the triangular transverse

rib. This is explained with the aid of the streamlines in Figure 3-9.
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vortices and the direction of rotation of each vortex can be inferred from the wall shear stress

profile in Figure 3-10.
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Figure 3-10: Comparison of the typical wall shear stress profiles for different transverse

roughness shapes for e/D = 0.30 and p/e = 7.5

In Figure 3-10, the positive shear stress is associated with a clockwise rotating vortex or reattached
flow and the negative shear stress is associated with recirculation or counterclockwise rotating
vortex. it can be inferred from Figure 3-10 that there are four (4) vortices per rib element for the
square and semi-circular rib, and three (3) vortices for the triangular rib. This is attributed to the
obtuse angle in the triangular rib that allows for a more effective vortex shedding. The effect of
the trapped vortex is a local increase in temperature or hot spots which are more pronounced in
the immediate downstream of the rib elements. This hot spot problem can be seen in Figure 3-10.
The local temperature increase is more pronounced in the square rib and as seen in Figure 3-10,
the region labeled “trapped vortex 1” covers 10% of the pitch length. Conversely, the region
labeled “trapped vortex 1 covers 5% of the pitch length for the triangular rib element, hence, the
hot spot problem is not as evident compared with the other rib elements. Thus, the triangular
roughness rib provides the most heat transfer enhancement. Up to 1.70 heat transfer enhancement

is afforded with the triangular ribs as seen in Figure 3-8b.
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3.4.2  Effect of relative roughness height (e/D)

The triangular rib demonstrated the most effective convective heat transfer; hence the effect of the
relative roughness height (i.e., /D) is assessed for the vertical channel roughened with triangular
rib. Figure 3-12a shows the effect of varying the relative roughness height on the Nusselt number
for different flow conditions. The Nusselt number increases with increase in the relative roughness
height up till /D = 0.20. Further increase in the roughness height has negligible impact on the
Nusselt number as evident by the curve plateau for e/D > 0.2 in Figure 3-12a. The convective heat
transfer coefficient is also maximized at e/D = 0.20 for p/e = 10 such that the Nusselt number ratio
of up to 1.74 is attainable (Figure 3-12b).
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Figure 3-12: The effect of varying the relative roughness height on the (a) Nusselt number and

(b) Nusselt number ratio

Figure 3-12a and Figure 3-12b can be explained by observing the wall shear stress profiles in
Figure 3-13 and the dimensionless temperature profiles in Figure 3-14. The dimensionless
temperature is given in Error! Reference source not found..
g——1 T Equation 3-11
=0 quation 3-
Ts,max — Ty

where, T is the temperature along the height of the channel, T, is the channel inlet temperature,
and T ;4 is the maximum surface temperature for all scenarios considered (i.e., 0.03 < e/D <

0.30). The wall shear stress profile can inform on the near wall flow structure. A negative shear
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stress is an indication of reversed flow, and a positive shear is an indication of reattached flow if
it occurs after a region of negative shear (i.e., recirculation) or a clockwise rotating vortex if it
occurs before the recirculation region. The presence of ribs induces turbulence in which should
enhance momentum transfer from the free stream downstream of the rib elements, causing the
flow to reattach for sufficient pitch lengths. The turbulence induced at smaller rib heights is not
sufficient to incite flow reattachment for the specified relative pitch length of p/e = 10. As such,
the near wall flow for e/D < 0.03 is characterised by recirculation flow as inferred from the wall
shear stress profiles (See Figure 3-13). The recirculation flow hinders the heat transfer between
the heated plate and the fluid and is reflected in the relatively higher temperatures seen in Figure
3-14.
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Figure 3-13: Comparison of the typical wall shear stress profiles for different relative roughness
heights for p/e = 7.5and 6 = 90

For e/D = 0.05 the turbulence induced is sufficient to incite flow reattachment in the air channel
for the specified relative pitch length (i.e., p/e = 10). This is reflected in the wall shear stress profile
(Figure 3-13). The wall shear stress profile turns positive after a certain pitch length and is
suggestive of flow reattachment. Note that the wall shear stress profile is shown for the region
where the fully developed temperature profile is reached (i.e., y/H > 0.5). Similarly, for /D > 0.05,
the induced turbulence in the BIPV channel is sufficient to incite flow reattachment for the
specified pitch length such that the fully developed thermal field is reached sooner. The fully
developed temperature profile is reached at y/H values of 0.35, 0.25, 0.21, and 0.21 for e/D values
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of 0.08, 0.11, 0.20, and 0.30 respectively. The heat transfer enhancement diminished for e/D =
0.30 because the higher blockage ratio incites flow recirculation that spans a larger pitch length
which is detrimental for effective heat transfer. The flow reattachment points for e/D values of
0.05, 0.08, 0.11, 0.20, and 0.30 are 0.534, 0.452, 0.424, 0.416, and 0.443 respectively. The
optimum rib height is then the rib height that minimizes the reattachment length (i.e., e/D = 0.20).

The fluctuating temperature is because of the local increase in temperature or hot spots associated
with transverse ribs (see Figure 3-10). The fluctuating temperature profile is consistent with
published experimental data (Srinivasan et al., 2017). In this experimental study, a thermochromic
liquid crystal technique was used to experimentally measure the heat transfer coefficients. The
results showed regions of low heat transfer coefficients in the immediate upstream and downstream

of flow elements and high heat transfer coefficients for the reattached flow.
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Figure 3-14 - The effect of varying the relative roughness height on the dimensionless
temperature
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The true optimal relative roughness height can be determined from the wall shear stress profiles
shown in Figure 3-13 for the case Ras - 1.09 x 102, This can be deduced by integrating the wall
shear stress profiles in Figure 3-13. The true optimal relative roughness height occurs when the
arithmetic integration of the wall shear stress profiles is zero. In other words, the length of the
recirculation region is minimized. The true optimum relative toughness height has been estimated

to be 0.16 as seen in Figure 3-15. At this point the shear force is zero.
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Figure 3-15: Variation of the (a) shear force magnitude and (b) shear force with relative

roughness height

3.4.3 Effect of relative pitch ratio (p/e)

The effect of varying the relative pitch ratio; p/e, on the Nusselt number can be seen in Figure 3-16
for e/D =0.20. As the relative roughness pitch is increased, the convective heat transfer coefficient
increases up to an optimum value (i.e., p/e = 10) beyond which the heat transfer coefficient reduces
for the range of Rayleigh numbers considered. The enhancement in heat transfer can be seen in
Figure 3-16b for e/D = 0.20. The convective heat transfer coefficient is increased by a factor of up
to 1.74, 1.63, 1.46 and 1.07 for Ra values of 3.48 x 10'1,8.63 x 10%,1.03 x 102, and 1.04 x
1012 respectively. The optimum spacing of p/e = 10 can be explained by examining the wall shear
stress profiles in Figure 3-17.
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Figure 3-16: The effect of varying the relative pitch on the (a) Nusselt number and (b) Nusselt

number ratio

Figure 3-17a plots the dimensionless wall shear stress for the different relative roughness pitch
values considered for e/D = 0.20 and Ra} = 8.63 x 10*1. Flow reattachment occurs for all the
relative pitch ratios considered. Figure 3-17a shows that the reattachment point is dependent on
the relative pitch ratio. Increasing the relative pitch ratio causes the flow reattachment point to
occur sooner. The reattachment points for p/e values of 5, 7.5, 10, 15, 20, 30, and 50 are 0.71, 0.50,
0.41, 0.34, 0.29, 0.21, and 0.12 respectively. Figure 3-17b has been derived by performing an
arithmetic integration of the shear stress profiles in Figure 3-17a. As seen in Figure 3-17b, the
relative roughness pitch that minimizes the shear force magnitude for the range of relative
roughness pitch values considered is p/e = 10. The true point of minimum shear force occurs at p/e

= 8.84 and is inferred from Figure 3-17c as the p/e value for which the shear force is zero.
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Figure 3-17: Effect of varying the relative roughness pitch on the (a) typical wall shear stress

profiles, (b) shear force magnitude, and (c) shear force for e/D = 0.20 and p/e = 10

3.4.4  Effect of channel inclination angle

The effect of theta on the heat transfer coefficient can be seen in Figure 3-18a for /D = 0.20 and
p/e = 10. The heat transfer effectiveness decreases with higher inclination of the air channel. Using
q"= 400 W/m? as case study, the Nusselt number is 24.2, 19.6, 15.3, and 9.5 for theta values of 90,
45, 30, and 15 degrees respectively. This is expected as the buoyancy drive decreases with decrease
in the inclination angle. Note that the enhancement in heat transfer shown in Figure 3-18b is similar
for > 30 degrees. Using q"= 400 W/m? as case study, the heat transfer enhancement attributed to

appending ribs in the air channel is 1.46, 1.44 and 1.37 for channel inclination angles of 90, 45 and
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30 degrees respectively. For 8 < 30 degrees, the heat transfer enhancement drops considerably. For
the case with q”= 400 W/m?, the heat transfer enhancement attributed to appending ribs in the air
channel is 1.05 for & = 15 degrees. Note that even for low heat flux availability of 100 W/m?
appending ribs in the channel does not degrade the heat transfer performance of the air channel for
6 > 30 degrees. The heat transfer enhancement is 1.07, 1.02, 0.99, and 0.84 for & values of 90, 45,
30, and 15 respectively.
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Figure 3-18 The effect of varying the channel inclination angle on the (a) Nusselt number and (b)
Nusselt number ratio for a rib roughened channel
3.4.5 Development of correlation for Nusselt number and friction factor

In this section, Nusselt number is correlated with the relative roughness pitch (p/e), relative
roughness height (e/D), channel inclination angle (¢) and modified Rayleigh number using a

Multivariate Polynomial Regression (Cecen, 2020). The correlation is given in Eq. 11.
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Figure 3-19: Comparison of predicted and simulated Nusselt number

Nu =6.482 + 10.242(e/S) + 0.0168(p/e) — 0.0646(6 — 90) Equation 3-12
+2.16203 x 107 1°[Ra}(S/H)]

The accuracy of the developed correlation is checked with results of the computational analysis
and as seen in Figure 3-19, the Nusselt number is predicted to with 15% error for more than 80%

of the CFD simulated values.

3.5 CONCLUSION

The effect of varying rib geometry on the natural connective heat transfer coefficient in a BIPV/T
channel was assessed using to CFD. A 2D numerical approach was adopted and validated with
experimental data from literature. The parameters considered were the rib shape (i.e., square,
triangle and semi-circle), relative rib height (i.e., 0.01 < e/D < 0.30) and relative pitch ratio (i.e.,
5 < p/le < 50); where e is the rib height, D is the channel depth and p is rib spacing. In each
instance, the heat flux is varied from 100 W/m? — 1000 W/m? and the channel inclination angle is
varied from 15 — 90 degrees. The triangular rib section showed the most heat transfer enhancement.
The enhanced mixing in the channel with the triangular rib was evident in the higher curvature of
the velocity streamlines. As such, flow attachment was delayed and consequently, the boundary
layer (i.e., the thermal resistive layer) was thinner. Further it is seen that the optimal roughness
height that maximizes the convective heat transfer is 0.20 and the optimal rib spacing is p/e = 10

for the range of parameters considered. At the optimal spacing and roughness height, the shear
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force magnitude is minimized. Also, the heat transfer enhancement is sustained for channel
inclination angles up till 30 degrees. For 6 < 30°, the ribs are detrimental to the natural convective
heat transfer especially at low heat flux. Nusselt number is correlated with Ra*(S/H), e/D, p/e and
theta to within 15% for more than 80% of the derived data.
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Chapter 4

4 BIPV/T with transverse rib roughened air channel - Parametric
analysis of the effect of transverse roughness shape,
roughness height (e/D), and roughness spacing (p/e) on the
turbulent forced convection heat transfer

In Chapter 3, it was shown that the natural convection cooling can be an effective and cost-
effective thermal management measure for building integrated photovoltaics (BIPVs). However,
forced air cooling channels are more predictable and can easily be adapted with the building energy
systems (i.e., HVAC) to offset some of the building heating loads. The effectiveness of forced air
cooling as a thermal management strategy has been demonstrated (Athienitis et al., 2011; Chen et
al., 2010; Corbin & Zhai, 2010; Dubey et al., 2009; Kamel & Fung, 2014; Pantic et al., 2010; Peng
et al., 2013; Zogou & Stapountzis, 2011). However, the effectiveness of forced air cooling to
improve the energy conversion efficiency of PV modules is limited by the development of
boundary layer over the length of the air channel (Peng et al., 2013; Gaur et al., 2016). In the
viscous sub-layer, which is the region of the boundary layer closest to the wall, the flow becomes
laminar due to the drag of skin friction. This creates a stagnation in the region closest to the wall,
which creates unfavorable condition for heat transfer (Patil et al., 2015; Kumar & Kim, 2015;
Pandey & Bajpai, 2016).

For this reason, multiple inlets were introduced to disrupt the boundary layer growth and increase
the heat transfer effectiveness (Yang & Athienitis 2014; Yang & Athienitis, 2015; Rounis et al.,
2016). A more common heat transfer augmentation strategy especially in solar air heater (SAH)
applications is the appending of transverse roughness at the back of the absorber plate. The
roughness elements interrupt the development of the boundary layer which promotes turbulence
in the near wall region thereby enhancing the heat transfer (Yadav & Bhagoria, 2014; Pandey &
Bajpai, 2016; Poongavanam et al., 2018). Table 4-1 list the experimental research conducted for
heat transfer augmentation of SAH with transverse ribs. The findings suggest an enhancement in
heat transfer and an accompanying increase in the pumping penalty. It is important that the heat
transfer augmentation does not increase the pumping penalty since the pumping power is a cubical
function of the flow rate (Aharwal et al., 2014). The goal is then to maximize the heat transfer and
minimize the pumping penalty (Bekele et al., 2014; Luo et al., 2016).
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Further numerical studies on heat transfer augmentation with transverse ribs roughness elements
is summarized in Table 4-2. In the development of roughness elements for SAH, conventional
techniques such as experimental designs are often used which can be expensive and time
consuming (Yadav & Bhagoria, 2014). There’s also limitation on the extensiveness of the variables
or parameters that can possibly be explored stemming from cost constraints. This has inspired the
Computational fluid dynamics (CFD) approach in the design and optimization of roughened solar
air heaters. In addition to the cost-effectiveness of the CFD approach, visualization of the flow
structures in CFD can provide deeper insight into the optimization of geometric parameters and
arrangement to enhance convective heat transfer and minimize system pressure loss since it

provides spatial and temporal details on the flow structures.

The effectiveness of transverse roughness ribs is limited because of the problem inherent with
transverse roughness elements. Vortices are trapped in the immediate upstream and downstream
of transverse roughness elements which creates hot spots (Coleman et al., 2007). These hot spots
can be detrimental to the electrical conversion efficiency of the PV module. An additional measure
is to introduce refrigerant fluid flow within the transverse rib roughness elements with the aim to
improve the overall thermal efficiency. Inherently, the roughness elements or refrigerant tubes are
likely to protrude more into the boundary layer due to the typical roughness expected to be in the
range of 8 — 19 mm (Bakar et al., 2014; Othman et al., 2016; Wang et al., 2016). This imposes
different flow characteristics as dictated by the roughness Reynolds number, e*. The roughness
Reynolds number function is given Equation 4-1 (Karwa et al., 1999)

et =./f/2Re(e/D) Equation 4-1

where, f is the friction factor, Re is the Reynolds number, e is the roughness height, and D is the
hydraulic diameter. The value of the roughness Reynolds number gives an indication of the flow
paradigm. Karwa et al. (1999) highlighted the three different roughness paradigms or flow regions.
The three regions are; the hydraulically smooth flow (0 < e* < 5); the region in which the friction
factor are similar to what is encountered in smooth pipes in that the roughness elements lie within
the laminar sublayer; transitionally rough flow (5 < e* < 70); the region in which the roughness
elements are in the same scale as the laminar sublayer; and fully rough flow (e* > 70); the region

in which the roughness elements extend beyond the laminar sublayer.
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The literature review revealed that most of the research has been focused on flow in the
hydraulically smooth and transitional rough flow (Table 4-1 and Table 4-2). However, the
operational variability of the bi-fluid BIPV/T concept proposed for the thermal management of the
PV panel imposes constraints on the limit to which the roughness elements can be scaled down to
reduce the system pressure loss. As such, the flow patterns encountered will mostly be in the
transitionally rough flow and the fully rough flow regions. This increases the necessity to optimize

the roughness geometry to enhance the convective heat transfer and minimize the pressure loss.

Accordingly, the first objective of this study is to investigate the heat transfer and pressure loss
characteristics of a high blockage ratio BIPV/T air channel with circular transverse roughness. The
second objective is to numerically compare the heat transfer effectiveness of the square, circular,
semi-circular, and triangular transverse roughness profile. The third objective is to develop a
correlation for the heat transfer coefficient and friction factor as a function of the geometry and
flow characteristics. The numerical study will be done using CFD. First, the CFD model will be
validated with experimental data from literature (Skullong et al., 2015) for a similar transverse
roughness geometry. Then, the impact of the roughness shape, roughness height and roughness
pitch on the thermo-hydraulic performance is studied.
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Table 4-1: Summary of Experimental research on transverse roughness applied on the absorber plate

No. Authors Roughness profile Range of Key findings
parameters

1 Bhagoria et al. (2002)  Transverse wedge ribs  e/H:0.015-0.033 e 2.4 and 5.3 times increase in Nu and friction factor
p/e:5.67 —12.12 respectively.
@: 8-15° e The best thermal performance occurred at p/e =
W/H:5 7.57, e/H =0.033 and ¢ of 10°
Re: 3,000 — 18,000
et:4-87

2 Karwa et al. (1999) Chamfered rectangular  e/D:0.014 -0.032 e Up to two- and three-times enhancement of the

ribs p/e:45-85 Stanton number and the friction factor
W/H:48-12.0 respectively.
L/D: 32, 66 e St/St, decreased by 5% and f/f, increased by
@ -15-18° 20% with increase in W /H from 4.5 to 8.5.
Re:3,000-20000 ° Monotonous increase of St and f with e/D.
et 560 e ¢ value of 15 ensured the best thermal
performance.

3 Sharma et al. (2019) Pentagonal ribs e/D:0.25 e The best thermo-hydraulic performance was
p/e:6-12 achieved for « =5 and p/e = 10 such that the use
a: 0 -20° of pentagonal ribs over square ribs is justified for
Re: 9400 — 58850 thermal performance enhancement.
et:>70

4 Jaurker et al. (2006) Rib and groove e/D: 0.0181 — e The maximum heat transfer augmentation

roughness 0.0363 occurred at p/e =6.0; g/p =0.4;and e/D =

p/e:45-10 0.0363.
g/p:0.3-0.7
Re: 3,000 — 21,000
et:5-73
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Aharwal et al. (2014)

Wedge-shaped rib and
groove roughness

e/D:0.033

p/e:8
g/p:04-0.8

@:10 - 25°

a: 60° (groove angle)
Re: 3,000 — 18,000
e*t:10-62

The best thermal performance was observed for ¢
=15and g/p = 0.65 such that a ThPP value of up
to 2.16 was attained.

6

Skullong et al. (2015)

Square ribs

e/D:0.22

p/e: 6.67

Re: 5,000 — 24,000
et:>70

ThPP <1 for Re > 11,000

1
2
3  Table 4-2: Summary of Literature on transverse roughness applied on the absorber plat using computational fluid dynamics approach
No. Authors Roughness profile Range of Key findings
parameters
1 Thakur et al. (2017a) Hyperbolic ribs e:0.5-2mm e The parametric analysis yielded an optimum rib
e/D:0.0125-0.05 height of 1 mm with pitch of 10 at Re = 6,000
p: 10 — 20 mm flow conditions.
Re: 4,000 — 15,000
et:10-150
2 Kumar et al. (2019) Square ribs e/D:0.013-0.05 e ThPP of upto 1.97 for p/e value of 10 and e/D
p/e:5-13 value of 0.05 at Re of 17,900.
Re: 3,900 17,900 * Flow reattachment occurs just before the adjacent
et 1-49 rib for the optimal p/e to prevent reformation of
the laminar sublayers.
3 Kumar et al. (2018) Forward-facing chamfered e/D:0.018-0.043 e Up to 2.88 and 3.52 enhancement of heat transfer

ribs

p/e:5-13

and friction penalty.
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efe:0-1
e/w:0.24-15
Re: 4,000 — 17,000
et:8-65

Optimal configuration: e’/e = 0.75, e/w = 1.5 and
e/D =0.043

Yadav & Bhagoria

Transverse wire rib

e/D:0.021-0.042

the wire rib with p/e = 10.71 and e/D = 0.042

(2013) roughness element p/e:7.14-3571 provided the better thermo-hydraulic performance
W/H:5 at Re value of 18,000.
Re: 3,800 — 18,000
et:7-81
Yadav & Bhagoria, Triangular rib e/D:0.021-0.042 Maximum Nu,,,, of 3.073 for e/D value of 0.042
(2014a) p/e.7.14 —35.71 and p/e of 7.14 at Re of 15,00.
W/H:5 Maximum f,¢, of 3.356 for e/D value of 0.042
Re: 3,800 — 18,000 and p/e of 7.14 at Re of 3,800.
et:7-79
Yadav & Bhagoria, Semi-circular rib e/D:0.021 -0.06 e/D value of 0.042 and Re value of 15,000
(2014b) p/e: 14.29 provided the better ThPP.
W/H:.5
Re: 3,800 — 18,000
et:7-79
Kumar et al. (2017) Rectangular rib e/D:0.02-0.4 The maximum ThPP value is obtained at Re =
p/e:5-15 15,000 for p/e, e/D and e /w values of 10, 0.04
e/w: 0.25—4.0 and 4 respectively.
Re: 4,000 — 18,000
et:10-76
Chaube et al. (2006) Rectangular rib e:3mm For the operational conditions simulated, the
Chamfered rib w:2,3,4,5mm rectangular rib of 3 x 5 mm gives the best

Semi-circular rib

¢: 11, 13, and 15°

performance over the range of Re from 3,000 to
20,000.
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Circular rib et:>50

9 Gawande et al. (2016) L shaped rib in solar air e/D:0.042 e Max Nugy,y, and f,,, for p/e of 7.14 at Re of
heater duct p/e:7.14 —17.86 15,000 and 3,800 respectively.
Re:3,800-18,000 * MaxThPP of 1.9forp/e of 7.14, e/D of 0.042 at
€+: 16 - 80 Re of 15,000
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4.1 BIPVIT envelope system considered for the study
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Figure 4-1: An illustration of BIPV/T with transverse rib roughness

Figure 4-1 shows a cross-section of the physical model of an air cooled BIPV/T with
circular transverse ribs for heat transfer enhancement. The system consists of different
eclosure layers and the outer wall (i.e., PV panel as a cladding substitute). The inner and
outer wall assemblies are separated by an air channel for forced air flow which serves as
capillary break to prevent moisture ingress from the outer wall to the inner wall. The system
is decribed by the following geometrical parameters as seem in Figure 4-2 and Figure 4-3:
the roughness height, e, which is the diameter of the circular ribs; the roughness pitch, p,
which is the distance between successive ribs; and the channel height, H. The physical
model of the BIPV with transverse rib roughness is numerically represented as a SAH
channel roughened with transverse ribs (Figure 4-2). This simplification of the
computational domain is valid since the BIPV/T air channel is a SAH channel with reduced
surface temperature as part of the available solar is converted to electrical energy. In effect,
the solar panel is an absorber plate. The absorber plate is not directly modelled in the

solution domain since its thermal conductivity is three orders of magnitude higher than the
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fluid (i.e., air). A fully developed flow condition is ensured by the 1 m entrance length. An
exit length of 1 m is also provided to ensure settled flow at the outlet. The entrance and
exit lengths satisfy the condition for fully developed flow (i.e., x;4/D = 10 — Incropera
et al., 2007). The other geometrical parameters of the computational domain are outlined
in Table 4-3.
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Figure 4-2: The computational domain and computational domain
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Figure 4-3: The roughness geometries considered in the study: (a) square (b) triangle (c) circle

and (d) semi-circle

For heat transfer enhancement, the top surface of the heated section is roughened with
transverse ribs. Four different roughness shapes are considered as depicted in Figure 4-2
and Figure 4-3; square, triangle, square and semi-circle. In all instances, e, is the height
and width of the roughness element, and p is the pitch (i.e., the distance between
consecutive roughness elements). The range of roughness heights considered (i.e., 1 — 10
mm) is such that the relative roughness height (e/D) is in the range of 0.01 to 0.10
respectively. The e/D range ensured that the circular roughness elements protrude
extensively into the boundary layer for a fully rough flow regime. The roughness elements
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are arrayed with relative pitch ratios (p/e) from 1.5 to 50. Reynolds number in the range of
5,000 to 19,000 were considered which is the typical operating range of SAH to ensure
better thermo-hydraulic performance (Yadav & Bhagoria, 2014). Refer to Table 4-3 for the
discrete values within the range of parameters investigated. A uniform heat flux of 1000

W/m? is considered on the flat top surface of the test section.

Table 4-3: Geometrical and operational parameters of the computational domain

Parameter Symbol Value

Test section Length, mm Liest 1000

Entrance Length, mm Lent 1000

Exit Length, mm Leyit 1000

Channel height, mm H 50

Hydraulic diameter, mm D 100

Rib Height, mm e 1,2,3,5,7,10

Rib axial pitch, mm P 5,7.5,125,15,17.5, 25, 50, 75, 100

5000, 7000, 9000, 11000, 13000, 15000,

Reynolds number range Re 17000, 19000
Relative roughness height e/D 0.01, 0.02, 0.03, 0.05, 0.07, 0.10
Relative roughness pitch p/e 1-50

4.2 Numerical Simulation setup

In this study, a two-dimensional (2D) model of the SAH duct roughened with transverse
circular roughness elements is developed and simulated using CFD. Simcenter STAR-
CCM+ version 13.06.012 has been employed to solve the steady state Reynolds averaged

navier stokes and energy equation. The details of the numerical setup including the
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governing equations, turbulence model, boundary conditions, and solution strategy are

presented in the following sections.

4.2.1 Governing equations and turbulence model

The governing equations to solve the conjugate heat transfer problem are given in Equation
4-2 — Equation 4-4. The equations have been simplified with assumptions of fluid

incompressibility and negligible radiation heat transfer.

Continuity equation:

d :
0_x,-(ui) =0 Equation 4-2

Momentum equation:

— . . —_ — —_— . . n -
axi pulu] ax,- B ax] ax] axi ax] pulu] quatio
Energy equation:

aT
K e ) Equation 4-4

a( T)— d ( N
0x; Py ~ 9xj[\Pr ' Pr, dx;

where, u is the dynamic viscosity, p is the fluid density, p is pressure, Pr is the prandtl
number, Pr; is the turbulent prendtl number and, u.is the eddy viscosity. The standard k-
epsilon approach is implemented for the RANS closure as they are good for that contain
complex recirculation, with or without heat transfer (Simcenter Star CCM+
Documentation). The k-epsilon turbulence model has been demonstrated to accurately
capture the turbulence charaacteristics for SAH roughened with transverse ribs (Yadav &
Bhagoria, 2013; Thakur et al., 2017a; Kumar et al., 2018; Kumar et al., 2019). A correct
representation of the flow in the near wall region determines successful prediction of wall-
bounded turbulent flows (Yadav & Bhagoria, 2014). Hence, the enhanced wall treatment

is used to resolve the near wall physics depicting a low reynolds number approach for y+
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< 1. The transport equations for the turbulence kinetic energy and dissipation rate are given

in Equation 4-5 and Equation 4-6 respectively.

ok p( )+ ak Equation 4-5
pu;— ax] £—¢g O'k ax] quation 4-

¢ _ 1. P.—pC (8 £")+a ( +”T)ak Equation 4-6
pu; ax]_ - T, e1Pe — pCeaf> T, T, ax]_ u oy ax]_ quation 4-

where, P, and P, are production terms, £, is the damping function, T, is the specific time
scale, and k, and g, are the ambient turbulence values that counteract turbulence decay.
The model coefficients are: C, = 0.09, op =1, 0, = 1.3, Cs, = 1.92, C, = 1.44.

4.2.2 Mesh Generation

The governing equations are solved by discretizing the computational domain into finite
control volumes. The computational domain is discretized using polyhedral mesh. Four
prism layers have been employed in the near wall region with a geometric stretching factor
of 1.5. This is done to capture important details of the temperature gradient near the heated
top surface. The size of the mesh in the computational domain has been globally scaled to
a fraction of the characteristic length. The height of the channel is the characteristic length.
The mesh is refined around the roughness elements to capture the complex flow structures
due to flow separation and possible reattachment. Figure 4-4 illustrates the typical meshing
scheme. In Figure 4-4, the global reference size is ~n. The size of the mesh is >(;zx) closer
to the roughness elements and the heated top wall. A growth rate of 1.05 allows for a

smooth transition from the finer mesh to the relatively coarser mesh in the undisturbed
entrance and exit lengths. The thickness of the prism layer is = (LH), this ensured that the
10 \15

y" <0.23. The meshing scheme yielded 231,320 grid cells.
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Figure 4-4: Typical mesh of the computational domain for circular rib, /D = 0.1 and p/e = 7.5

The mesh is further refined such that the base size is .-» and —-x; amounting to 283,943

and 397,198 cells respectively, and mesh independency study is performed. The mesh
independency study is conducted for a typical solution domain with inflow at Re = 7,000,
e/D = 0.2 and p/e = 6.67. The rate of change of Nusselt number and friction factor with
further mesh refinement is monitored to assess mesh independency. Table 4-4 shows that
with further refinement of the mesh beyond 172,916 grid cells, the change in both Nu and
f is less than 1%. The Mesh with 231,320 cells is deemed enough to capture the flow
characteristics.

Table 4-4: Summary of mesh independency study

No. Grid count Nu % Increase in Nu f % increase in f
1 231,320 35.178 - 0.1225 -

2 283,943 35.162 -0.04% 0.1229 0.33%

3 397,198 35.130 -0.09% 0.1227 -0.24%

4.2.3 Boundary conditions and solution strategy

An accurate specification of the boundary conditions is essential to obtain meaningful
computational results. No-slip boundary condition is assigned to all the walls. All the walls
are assumed adiabatic except the flat surfaces at the top of the test section. A uniform
constant heat flux of 1000 W/m? is applied at the top of the test section. At the inlet, a
constant velocity profile is imposed depending on the flow condition that is being
simulated. The 1 m entrance length of the solution domain is enough to attain a fully

developed velocity profile. Air at 300 K enters the solution domain. The properties of air
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at 300 K is given in Table 4-5. The turbulence characteristics at the inlet is described by
specifying the turbulence intensity. The turbulence intensity is estimated by the Equation
4-7 (Kumar et al., 2018).

I1=0. 16(Re)_1/8 Equation 4-7

where, Re is the Reynolds number. At the outlet, a pressure outlet boundary condition is
assigned with gauge pressure of 0 Pa. The turbulence intensity at the outlet is specified like
the inlet.

Table 4-5: Thermophysical properties of air

Property Unit Air
Thermal conductivity, k wW/m/K 0.0263
Density, p kg/m3 1.1614
Specific heat, C, J/kg/K 1007
Dynamic viscosity, u N s/m? 1.85x 10
Prandtl number, Pr 0.707

The conservation equations of mass, momentum and energy are solved simultaneously
using a pseudo-time-marching approach. The pseudo-time-marching approach is
implemented in the Coupled Flow Model. The Second-Order Upwind scheme is used to
discretize the governing equations. The solution is converged for all residuals (i.e.,

continuity, velocity components and energy) less than 10,

424 Performance Indicators

The performance of the SAH system with transverse roughness ribs is quantified by the
Nusselt number, friction factor and the thermo-hydraulic performance parameter. Nusselt
number gives an indication of the heat transfer effectiveness (Equation 4-8).

D
Nu = hT Equation 4-8
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where, D is the hydraulic diameter, k is the thermal conductivity of air taken at the bulk
fluid temperature (i.e., the average of the inlet and outlet temperature; (T,,; + T;)/2) and

h is the average convective heat transfer coefficient.

The friction factor gives an indication of the pressure loss in the air channel (Equation 4-9).

NGAR

I= 1/, pu?

Equation 4-9

where, AP is the pressure drop from the inlet to the outlet, L is the length of the solution

domain (i.e., 3m), D is the hydraulic diameter, p is the density at the bulk fluid temperature,

and U is the inlet velocity derived from the Reynolds number (i.e., Re = pUD/ﬂ ).

The thermo-hydraulic performance parameter (ThPP) gives an indication of the worthiness
of a heat transfer augmentation approach in reference to a smooth channel (Equation 4-10)
— (Yadav & Bhagoria, 2014).

_ (Nu;/Nuy) ,
ThPP = /(fr/fs)1/3 Equation 4-10

where, the subscripts; r and s, indicate the Nusselt number and friction factor for the
roughened channel and the smooth channel respectively. The thermal performance of the
roughened duct is like a smooth channel if ThPP =1. The system pressure loss is more
significant than the heat transfer augmentation for ThPP < 1. The heat transfer
augmentation is more significant than the system pressure loss for ThPP > 1. The Nusselt
number and friction factor for the smooth channel is derived according to the Dittus-Boelter

(Equation 4-11) and Blasius equation (Equation 4-12).
Dittus-Boelter equation (Incropera et al., 2007):
Nu = 0.0243Re%8pPr04 Equation 4-11

Blasius equation (Incropera et al., 2007):
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f=0.079Re™ 2> Equation 4-12

The CFD model is validated in the next section (Section 4.3) and applied to study the heat
transfer and pressure loss characteristics of SAH systems with different geometric

roughness in Section 4.4.

4.3 CFD Validation and Verification

The numerical model is validated by comparison with experiment from literature for a SAH
roughened with transverse square ribs. This experimental work has been chosen due to
absence of well documented experimental work on SAH with circular roughness geometry
especially for channels with high blockage ratios. SAHs with square transverse rib elements
pose more complex flow structures than circular transverse ribs due to the higher-pressure
gradients and higher streamline curvature. This is evidenced by higher turbulence
intensities and kinetic energy for a square rib than circular rib (Chaube et al., 2006). Hence,
an accurate representation of SAH with transverse square ribs is indicative of reliability of
the model for a relatively simpler flow (i.e., SAH with transverse circular ribs). The
numerical simulation setup is verified with similar CFD study of SAH with transverse

circular ribs.

4.3.1 Experimental Validation

The experimental data for the SAH with transverse square rib roughness is derived from
Skullong et al., (2015). The experimental setup consists of 440 mm by 300 mm by 30 mm
air channel. The top wall of channel is roughened with square ribs with roughness height
and pitch of 6 mm and 40 mm respectively. The uniform heat flux is applied on the
roughened wall. The experimental setup is instrumented to measure the absorber plate
temperature, inlet temperature, outlet temperature and pressure drop across the test section
from which the Nusselt number (Nu) and friction factor (f) are derived. The uncertainty of
the derived non-dimensional parameters is +£6% for Nusselt number and +8% for friction
factor. Please refer to the Skullong et al., (2015) for a more detailed description of the

experimental setup.
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4.3.1.1 Experimental Validation Results

The accuracy of the CFD model is compared with the experimental data. Nusselt number
and friction factor are the parameters of interest. Root mean square error (RMSE) analysis
approach given in Equation 4-13 is adopted to quantify the numerical error (Chai &
Draxler, 2014).

1" 2 .
RMSE = jﬁz Osim = Yerr) Equation 4-13
i=

where, .., and y;, are the experimental data and numerical predictions respectively, and
n is the number of data points. Figure 4-5 compares the numerical prediction of the average
Nusselt number against experiment. There is a very good agreement between the numerical
model prediction of the Nusselt number and the experimental data for the Reynolds number
range considered. The RMSE for the numerical prediction of Nu is 1.138 for values from
35 to 85 over the Reynolds number range and the coefficient of variation of the RMSE is
2%. This is within the experimental error of + 6% for the Nu. For a roughened duct, the
thermally fully developed flow establishes in a short length of 2 — 3 hydraulic diameters
(Karwa et al., 1999) and periodicity is attained. Hence, the accuracy of prediction of Nu.
However, the friction loss is more complex and dependent on Reynolds number, entrance
and exit lengths. In Figure 4-6, the friction loss in the roughened duct is accurately
predicted between the Re range from 7,325 to 14,512. The friction factor is overpredicted
and underpredicted at lower and higher Reynolds number respectively. The discrepancy
may be attributed to the truncation of the secondary flow associated with flow in roughed
ducts for a 2D approximation of a 3D phenomena. This is supported with experimental
data in Karwa et al., (1999) for which the impact of duct aspect ratio on the frictional loss
and heat transfer is investigated (Figure 4-6). It is seen that the frictional loss is higher for
higher aspect ratio channels. The difference is more pronounced at lower Reynolds
numbers. Similarly, the numerical prediction error for the frictional loss for Re < 7,325 is
14% compared to 11% for Re > 14,512. The RMSE for the numerical prediction of friction
factor is 0.0108 for values in the range of 0.099 to 0.139 and the CV(RMSE) is 8% for the

range of Re considered. Since the CV(RMSE) for the Nusselt number and friction factor is
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within experimental error of the published data, the numerical model is considered

sufficiently accurate for further computational analysis.
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Figure 4-6: Comparison of the numerically derived friction factor with experimental data

4.3.2 Numerical Verification

The numerical simulation study is verified with CFD study by Yadav & Bhagoria (2013)

for a SAH with transverse circular rib roughness. The air channel is 121 mm long, 100 mm
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wide and 20 mm high. The top wall of the channel is roughened with circular ribs with
roughness height and pitch of 1.4 mm and 10 mm respectively. The uniform heat flux is
applied on the roughened bottom wall. Refer to the cited CFD study for more details on

the numerical simulation setup.
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Figure 4-7: Verification of the Nusselt number and friction factor with published numerical study

The Nusselt number and friction factor from Yadav & Bhagoria (2013) and the present
CFD study is compared in Figure 4-7. The Nusselt number compares well with the
published CFD study. The RMSE for prediction of the Nusselt number is 3.804 for the
Reynolds number range considered and the CV(RMSE) is 6.31%. The numerical error is
attributed to the slight overprediction of Nusselt number for lower Reynolds number values
(i.e., Re < 8,000) and underprediction of the convective heat transfer coefficient for higher
Reynolds number values (i.e Re > 8,000). Similarly, the friction factor is overpredicted at
lower Reynolds number values and underpredicted at higher Reynolds number values. The
RMSE and CV(RMSE) for the prediction of the friction factor is 0.0015 and 6.07%
respectively. Hence, the numerical model is considered sufficiently accurate for further

computational analysis.
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4.4 Results and Discussion

The results have been presented in two parts. In the first section, the results from the
parametric analysis of the effect of roughness height (e/D) and roughness pitch (p/e) on the
thermo-hydraulic performance of a BIPV/T air channel roughened with circular transverse
rib. In the second section, the results from geometric optimization of the roughness
geometry for the BIPV/T air channel is presented considering the roughness height (e/D),

roughness pitch (p/e) and roughness shape.

4.4.1 Parametric analysis of the effect of roughness height (e/D)
and roughness pitch (p/e) on the thermo-hydraulic
performance of a BIPV/T air channel roughened with circular
transverse rib

The results from the CFD based parametric analysis is presented in this section. First, the

impact of the geometric parameters (i.e., e/D and p/e) on the flow structures is presented.

The effect of e/D, p/e and Re on the convective heat transfer coefficient and friction factor

is outlined. Then the overall thermo-hydraulic performance is assessed.

44.1.1 Flow structure characterization: Near-wall flow

The impact of p/e and e/D on the flow structures in the roughened channel is quantitatively
assessed by analyzing the velocity contours. Table 4-6 shows the three different flow
structures identified for the range of relative roughness pitch considered. The flow structure
nomenclature is consistent with work done by Awol et al., (2020) for an atmospheric layer
flow in the built environment. As seen in Table 4-6, for p/e < 3.5, the vortex is trapped
between consecutive roughness elements and the mean flow skims over the roughness
elements. This is referred to as skimming flow. For 3.5 < p/e < 9.5, there is interaction
between vortices formed in the immediate downstream and upstream of the preceding and
ensuing roughness elements, respectively. This is the wake interference flow regime. As
the distance between consecutive roughness elements is increased (i.e., p/e > 9.5), the
isolated roughness flow regime ensues and is characterized by no interaction between the

vortices formed at the upstream and downstream of consecutive roughness elements.
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Table 4-6: Description of flow regime based on the relative roughness pitch (p/e)

Flow Regime Description Velocity Contour

0.440 0.560

e/D =0.1,
ple=25
ple <3.5
Skimming
e/D =0.02,
ple =25
e/D =0.1,
35<ple< ple=17.5
9.5
Wake
interference
e/D =0.02,
ple=75
e/D =0.1,
p/e =10
p/e >9.5
Isolated
roughness
e/D =0.02,
ple =12.5
-1.5 -0.20
HE

The upper and lower bounds of the wake interference flow regime which inherently
determines the bounds for the isolated roughness flow regime and the skimming flow
regime is determined by observing trends in the wall shear stress profile determined from
the CFD simulation. Figure 4-8a shows the dimensionless wall shear stress between
consecutive roughness elements for different rib spacings. The shear stress peak is highest
and lowest for p/e values of 3.5 and 4.5 respectively which indicates that the strength of
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the vortex diminishes as the spacing between the ribs are increased. The positive wall shear
stress that occurs at the immediate upstream and downstream of the preceding and ensuing
roughness elements indicate the presence of smaller magnitude trapped vortices. This is
the reason for the hot spot problem inherent with transverse roughness elements. As the
spacing is increased (i.e., p/e > 3.5), an inflection point in the wall shear stress profile is

evident. This indicates the start of the wake interference flow regime.
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Figure 4-8: wall shear stress between consecutive ribs to determine the (a) lower-bound

and (b) upper-bound, of the wake interference region (Re = 13,000; ¢/D = 0.10)

Similarly, the wall shear stress profile is plotted to determine the upper bound of the wake
interference region (Figure 4-8b). The wall shear stress is plotted for p/e values of 8, 9, 9.5
and 10. The upper bound of the wake interference flow regime is determined as the p/e
value for which the shear stress becomes positive at the inflection point. This indicates
flow reattachment. As seen in Figure 4-8b, this occurs for p/e > 9.5. Beyond this value, the
isolated flow roughness flow regime begins. Although, the wall shear stress profile is
illustrated for e/D value of 0.10, similar trend is noticed for the e/D values considered and
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is shown in Figure 4-9. The shear stress profiles are similar, and the flow regime is

applicable for all relative roughness heights.
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Figure 4-9: wall shear stress profiles showing similarity of flow for the different e/D values for
the (a) lower-bound and (b) upper-bound of the wake interference region

4.4.1.2 Average Heat Transfer Characteristics

The impact of e/D, P/e and Re on heat transfer is presented in this section. Figure 4-10
shows the variation of Nu with Reynolds number for different e/D values and p/e value of
7.5 compared with a smooth channel. Nusselt number increases with increase in the
Reynolds number. This is due to the thinning of the boundary layer; that acts to resist heat
transfer, with increase in Reynolds number. The influence of the roughness elements on
the heat transfer can also be seen. Up to 25%, 35%, 49%, 50%, 48% increase in Nusselt
number for e/D values of 0.02, 0.03, 0.05, 0.07, and 0.10 are compared with the smooth
channel. The protruding roughness elements cause flow separation creating a region of

vortex flows between consecutive roughness elements. These vortices enhance flow
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mixing due entrainment of the fluid (i.e., air) from the mean flow to the regions closer to
the absorber plate. The stronger the turbulence, the stronger the strength of the vortices.
Hence, the enhancement in heat transfer is more pronounced at higher Reynolds numbers.
Using e/D value of 0.02 as case study, the enhancement in heat transfer at Re of 5,000 is

20% and increases up to 25% as the Reynolds number increases.
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Figure 4-10: Variation of Nu with Re for Figure 4-11: Variation of Nu with e/D for
different values of /D and p/e = 7.5 different Re values and p/e = 7.5

The effect of the relative roughness height on the convective heat transfer is explicitly
shown in Figure 4-11 for similar pitch ratio of 7.5. The convective heat transfer increases
initially with increase in the blockage ratio, but beyond e/D value of 0.03, the convective
heat transfer is independent of the relative roughness ratio. This is contrary to what is
typically reported in some literature which suggest that the convective heat transfer
increases monotonously with increase in the relative roughness ratio (Karwa et al., 1999;
Bhagoria et al., 2002; Kumar et al., 2019). This is true for lower blockage ratios; however,
this may not be the case for higher blockage ratio flows. This is like findings in Skullong
et al., (2015) in that the enhancement of heat transfer for the thin rib diminished as the
blockage ratio increased. This is explained by a detailed look at the turbulence kinetic
energy (TKE) profile for the range of roughness heights considered in this study (Figure
4-12). The dimensionless TKE profile is extracted for a line extending from the top of the
channel to the bottom of the channel that is situated between consecutive roughness
elements (i.e., half pitch length in the direction of the flow). The profiles are typical of the
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developed flow regions in the test channel based on the assumption of periodicity after
about 2 — 3 hydraulic diameters when the thermal boundary layer is fully developed
(Gawande et al., 2016).
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Figure 4-12: Variation of the TKE with height along the mid-plane between consecutive

roughness elements for Re value of 17,000

As seen in Figure 4-12, the higher the blockage ratio, the higher the TKE. This is because
of the flow acceleration due to the macroscopic narrowing of the flow channel for higher
blockage ratios. Although the TKE is highest for the highest blockage ratio, this occurs at
a considerable distance away from the absorber plate. A closer look shows that the
turbulence intensity profiles are similar close to the plate. This is important because in this
region, the increase in TKE directly translates to an increase in the heat transfer from the
absorber plate to the fluid. Beyond this region, the increase in the turbulence kinetic energy
may add more to the pressure loss of the system. This will be discussed in more detail in
the Section 4.3.

In order to understand the impact of the relative roughness pitch on the heat transfer
characteristics, the roughness Reynolds number for the range of geometric and flow
parameters according to Eqn. (2). The flow classification based on the derived e* value is
given in Equation 4-14 and Equation 4-15.

Fully rough flow:
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{ e/D > 0.05, vV Re Equation 4-14

0.05<e/D<0.03, VRe=-400000(e/D)+ 27000

Transitionally rough flow:

{0. 05<e/D<0.03, VRe<—400000(e/D)+ 27000 Equation 4-15

e/D < 0.03, V Re

As such, emphasis is placed on the e/D values of 0.07 to describe the fully rough flows and
0.02 for the transitionally rough flows. Figure 4-13a and Figure 4-13b show the effect of
changing the relative roughness pitch on the heat transfer characteristics in the air channel.
The maximum heat transfer occurs for p/e values of 14.29 and 12.5 for e¢/D of 0.07 and

0.02 respectively.
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Figure 4-13: Variation of Nu with p/e for different values of Re under (a) fully rough flow (i.e.,
e/D = 0.07) and (b) transitionally rough flow (i.e., e/D = 0.02)

The optimal spacing for heat transfer enhancement suggests an isolated roughness flow
regime for the transitionally and fully rough flow (refer to Table 4-6 for flow
classification). This isolated roughness flow regime ensures that the ribs are sufficiently
spaced apart to allow flow reattachment before the adjacent rib. This is because the

maximum heat transfer coefficient occurs in the region of the reattachment point (Bhagoria
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et al., 2002). At the optimal spacing (i.e., p/e), Nu is higher in for the transitionally rough
flow compared to the fully rough flow. The slightly better heat transfer enhancement can
be explained with the plot of the dimensionless wall shear stress after periodicity in the air
channel has been reached (Figure 4-14). At about 0.4 pitch length the wall shear stress
becomes positive which is indicative of an attached flow. The flow detaches at 0.8 pitch
length because of the adverse pressure gradient created by the ensuing roughness element.
The attachment and reattachment points are similar for the transitionally rough flow and
the fully rough flow (i.e., e/D values of 0.02 and 0.07 respectively). However, there is
dissimilarity between the profiles for e/D = 0.02 and e/D = 0.07. The wall shear stress is
higher for /D value of 0.02 in the immediate downstream of the preceding roughness
element which may be indicative of a stronger vortex. The wall shear stress is higher for
e/D value of 0.07 in the immediate upstream of the ensuing roughness element. The shear
stress in the reattached flow region is similar for e/D values of 0.02 and 0.07 respectively.
The overall contribution yields a slightly higher heat transfer coefficient for the

transitionally rough flow regime than the fully rough flow regime.

The heat transfer enhancement caused by the roughness elements can be seen in Figure
4-15. The heat transfer enhancement is given by Nu//Nus which is the ratio of the heat
transfer coefficient of the roughened channel to the smooth channel. In the figure, for e/D
=0.07, the roughened duct showed slightly better heat transfer characteristics compared to
a smooth channel. The maximum heat transfer enhancement is 1.6 for p/e value of 14.29
and Re value of 5,000 implying that the roughness elements are more efficient at lower
flow rates. Similarly, the maximum heat transfer enhancement is 1.4 for e/D = 0.02 for p/e
value of 14.29 and Re value of 5,000. For relative pitch ratios below four (4), there is heat
transfer diminution. The fluid skims over the roughness elements inhibiting mixing

between the mean flow and the secondary flow between the ribs.
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dimensionless pitch length
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Figure 4-14: Typical wall shear stress distribution between consecutive roughness elements
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Figure 4-15: Variation of Nus/Nu, with p/e for different values of Re under (a) fully rough flow
regime (i.e., /D = 0.07) and (b) transitionally rough flow regime (i.e., e/D = 0.02)

4.4.1.3 Flow Friction Characteristics

Figure 4-16a shows the variation of the friction factor with Reynolds number. The friction
factor reduces with increase in Reynolds number. The gradient of the curves in Figure 4-16a
is relatively higher at lower Reynolds numbers than at higher Reynolds numbers. It is

anticipated that the friction factor attains a constant value with further Reynolds number
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Increase. This is due to the suppression of the viscous sub-layer with increase in the
Reynolds number such that the energy loss associated with vortex formation and shedding
attains a constant value and is not dependent on the viscous effects (Karwa et al., 1999;
Yadav & Bhagoria, 2014). The friction factor increases with increase in e/D for the range
of Reynolds numbers (Figure 4-16b). This is attributed to the reduction in the viscous sub-
layer such that the form drag overrides the skin friction (Karwa et al., 1999). Intuitively,
the form drag increases with e/D. This manifests as an increase in the turbulence kinetic
energy as seen in Figure 4-12. This highlights the detriment of increasing /D in bid to
increase the heat transfer characteristics. As a rule of thumb, in order to minimize friction

losses, the turbulence must be created in the laminar sub-layer (Yadav & Bhagoria, 2014).
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Figure 4-16: Variation of friction factor with (a) Reynolds number for different values of e/D (b)

e/D for different Reynolds numbers (c) p/e for /D = 0.07 (d) p/e for e/D = 0.02

The effect of the p/e can be seen in Figure 4-16¢ and Figure 4-16d for e/D values of 0.07

and 0.02 to indicate a fully rough flow and transitionally rough flow respectively. It can be

observed that there is a relative roughness pitch that maximizes the friction factor. The

maximum friction factor occurs at p/e value of 7.15 and 7.5 for e/D values of 0.07 and 0.02
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respectively. In both cases, the optimum pitch ratios are suggestive of a wake interference
flow (Table 4-6).
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Figure 4-17:Typical wall shear stress distribution between consecutive roughness elements at

max. friction

The wake interference flow is exasperated by the plot of the typical wall shear stress profile
between consecutive roughness elements (Figure 4-17). The wall shear stress is negative
throughout as expected with an inflection occurring at about 75% of the pitch length. There
are three (3) noticeable peaks in the fully rough flow (i.e., e/D = 0.07); one positive peak
and two negative beaks, compared to the two (2) noticeable peaks for the transitionally
rough flow (e/D = 0.02). These peaks are indicative of the relative size of the trapped vortex
in the immediate upstream of the contact point between the absorber plate and the
roughness element. The energy of the recirculation flow is sustained by the momentum
transfer with the undisturbed flow in the channel. As such, more energy is required to
sustain the recirculation for the fully rough flow than in the transitionally rough flow. This

loss of energy is reflected in the higher friction factor for the fully rough flow.

The friction factor penalty inherent with roughness elements can be seen in Figure 4-18.
The friction factor penalty (fi/fs) is defined as the ratio of the friction factor of the roughened

channel to the smooth channel under identical operating conditions. The maximum friction
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factor penalty is 2.84 and 1.85 for e/D values of 0.07 and 0.02 respectively. This occurs a
p/e values of 7.14 and 7.5 for e/D values of 0.07 and 0.02 respectively.

2.6 26
(b)
24 1 24 1
i [ @ Re 5,000 Qe Re 7,000
o & 22 4
i i e Re 9,000 ety Re 11,000
e Re 13,000 O Re 15,000
RN 2,1 el Re 17,000 O Re 19,000
= 3 PY = I
L E O
L ﬂ I
18 + 18 +
@ Re5000 O Re 7,000
[ d Re9000 i Re 11,000 I
16 T .4 Re13,000 o Re 15,000 16T
Ml Re 17,000 -0 Re 19,000
14 + : : : 14 + . . .
2 4 8 16 32 2 4 8 16 32
p/e p/e

Figure 4-18: Variation of f./f; with p/e for different values of Re under (a) fully rough flow (i.e.,
e/D = 0.07) and (b) transitionally rough flow (i.e., e/D = 0.02)

4.4.1.4 Thermo-hydraulic Performance Parameter

The p/e value with the highest heat transfer enhancement did not coincide with the p/e with
the highest friction factor penalty. Hence, both parameters are evaluated congruently to
optimize the geometry such that the heat transfer enhancement is maximized, and the
friction factor enhancement is minimized. This is achieved by considering the Thermo-
hydraulic performance parameter (ThPP). Figure 4-19 shows the variation of the ThPP
with Reynolds number for e/D values of 0.07 and 0.02. For the roughness height in the
fully rough regime (i.e., e/D = 0.07), the friction penalty is significant, hence, the ThPP is
mostly below one. The maximum ThPP for e/D of 0.07 occurs at p/e value of 14.29 and
Reynolds number of 5,000. ThPP reduces significantly with increase of Re, and above Re
value of 17,000 the friction factor penalty becomes more significant than the heat transfer
enhancement. In the transitionally rough flow regime (i.e., /D = 0.02), the friction penalty
is more significant than the heat transfer enhancement for p/e values less than 6.25. The

heat transfer enhancement is more significant than the friction factor penalty for p/e > 6.25.
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The maximum ThPP for e/D = 0.02 occurs at p/e value of 25 and Reynolds number of
11,000. This signifies that the lower the blockage ratio, the higher the operational range of
the solar air heater.
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Figure 4-19: Variation of ThPP with p/e for different values of Re under (a) fully rough flow (i.e.,
e/D = 0.07) and (b) transitionally rough flow (i.e., e/D = 0.02)

Figure 4-20 compares the ThPP for the optimum p/e values for the range of relative
roughness heights (e/D). In the fully rough flow regime (i.e., /D values of 0.1 and 0.07),
ThPP decreases with increase in Reynolds number because of the higher friction penalty.
In the transitionally rough regime (e/D = 0.02), ThPP increases with Reynolds number. For
the range of geometrical and operational parameters considered, the maximum ThPP

occurs for e/D, p/e and Re values of 0.05, 20 and 5,000 respectively.
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Figure 4-20: Variation of ThPP with Re for all values of e/D at their optimal p/e

configuration

4.4.1.5 Development of correlation for Nusselt number and friction
factor for a circular transverse rib roughened channel

In this section, the Nu and f are correlated with the relative roughness pitch (p/e), relative

roughness height (e/D) and Reynolds number. The correlation is developed by a stepwise

regression analysis that involves first correlating the Nu with Re, then with e/D and finally

with p/e. The functional relationship for Nu and f are given in Equation 4-16 and Equation

4-17.

N 0.0326 Re®7079 (6)0'0435 In (p)0.6199

X .
2 Equation 4-16
exp{0.1058 in () } q

1.0413 1.5825
p

f = 4.682 Re™0338 (%) x(3)

X exp {0. 0884 In (2)3 —0.6871In (g)2 Equation 4-17

+0.1097 In (%)2}
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The accuracy of the developed correlation is checked with results of the computational
analysis for the Nusselt number (Figure 4-21a) and friction factor (Figure 4-21b). The
derived correlation predicts 92% and 96% of the CFD simulated values to within 10% error
for the Nusselt number and friction factor respectively. Therefore, the derived correlations
can be relied upon to predict the heat transfer coefficient for a solar air heater roughened

with circular transverse roughness elements of various combinations of Reynolds number,

e/D and p/e.
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Figure 4-21: Comparison of predicted and simulated data for (a) Nusselt number and (b) friction
factor

4.4.2 Geometric optimization of transverse rib in a building
integrated photovoltaic and thermal system air channel with
emphasis on roughness shape, height and spacing

The results from the computational analysis on the effect of transverse rib shape on the
heat transfer and friction factor is presented.

4.4.2.1 Effect of shape of the transverse rib profile

The effect of changing the transverse roughness profile is examined in this section. Figure
4-22 compares the heat transfer in the channel roughened with transverse roughness

elements of different shapes and a smooth channel. The comparison is done for e/D = 0.10
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and p/e = 7.5. The heat transfer enhancement attributed to the presence of the transverse
roughness elements for the shapes can be seen. Up to 48%, 76%, 74%, and 78% increase
in Nu is seen for the circle, semi-circle, square and triangle respectively. The maximum
heat transfer improvement is noticed at Re value of 5,000 for all the transverse roughness
shapes considered. The triangular transverse roughness element yields the highest
improvement in heat transfer. In fact, at Re = 19,000 the Nusselt number arranged in
descending order is 96.7, 84.2, 83.1, and 70.7 for the triangular, semi-circular, square and

circular shaped transverse roughness elements.
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Figure 4-22: Effect of varying the transverse rib profile on the Nusselt number for e/D = 0.10 and
p/le=7.5

The better heat transfer enhancement for the triangular roughness element can be explained
quantitatively with the aid of the velocity contour plot as shown in Table 4-7. The velocity
contours for all four transverse rib roughness profiles show a wake interference flow in that
the vortices formed in the immediate downstream and upstream of the preceding and
ensuing rib interfere with each other (Section 4.4.1.1). More importantly, is the size of the
trapped vortex in the immediate upstream of the first roughness element in the velocity
contours. The size of the trapped vortex is largest for the circular rib and smallest for the
triangular rib. The acute angle created by the bond between the circular rib and the bottom
of the absorber plate increases the potential for the hot spot problem which is fostered by
the trapped vortex and a consequent reduction in heat transfer. However, the obtuse angle
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associated with the bond between the triangular rib and the absorber plates aids shedding

of the trapped vortex and consequently enhancing the heat transfer.

Table 4-7: velocity contours for the different transverse rib roughness for e/D = 0.10 and p/e = 7.5

Description  Velocity Contour

Circle 0462 0538
Square 002 0538
Semi-circle

Triangle ____ 0538

Velocity[i] (m's)
24 3.7 5.0

The better heat transfer enhancement of the triangular roughness element for heat transfer

enhancement is further explained by the wall shear stress profile between consecutive ribs
(Figure 4-23). The wall shear stress profile shows the highest negative peak (i.e., -0.016
for the triangular rib compared to -0.013 for the other roughness profiles) and is suggestive
of a stronger vortex in the immediate downstream of the first rib which aids heat removal
from the hot top surface. Also, the trapped vortex for the triangular rib is smaller as
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evidenced by the shorter length of the positive shear stress below 10% of the pitch length
between consecutive ribs. All these contribute to the better heat transfer performance of

the triangular roughness element over the other shapes considered.
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Figure 4-23: Comparison of the typical wall shear stress profiles for different transverse roughness profiles
fore/D=0.10and p/e=7.5

Further, the pressure loss penalty associated with the different transverse roughness rib
profiles is examined. The impact of the roughness profile on the friction factor is two-fold.
First, is the narrowing of the channel as the fluid transitions from the smooth entrance to
the disturbed flow in the test section. This causes, the fluid to accelerate thereby increasing
the turbulence in the test section. This is emphasized by the plot of the turbulence kinetic
energy (TKE) in the regions close to the top surface of the test section (Table 4-8). As
observed in Table 4-8, the channel with the triangle ribs shows the highest TKE. The channel
with the circular rib and the semi-circular rib show similar turbulence characteristics.

Table 4-8: Turbulent kinetic energy contours for the different transverse rib roughness

Description Turbulent kinetic energy
CI rc I e 0.462 0.538
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Square 0.462 _ | ] .m:

Semi-circle  *** I B

Triangle o402

Turbulent Kinetic Energy (J/kg)
0.00 0.14 0.28 0.42 0.56 0.70

The other aspect of the shape of the ribs as it pertains to the increase in the friction factor

is the momentum exchange between the secondary flow (i.e., vortices) and the mean flow
(i.e., the undisturbed flow in the channel). This essentially contributes to the pressure loss.
Hence, the higher the strength of the vortices, the higher the contribution to the pressure
loss across the channel. The strength of the vortices formed between consecutive ribs is
indicated by the area under the wall shear stress profile (Figure 4-23). The area under the

curve is calculated using the Reimann sum in Eqgn. 13 (Sealey, 2014).

n
Z f(xp)Ax Equation 4-18
k=1

where, Xk is any x-value on the i-th subinterval, Ax = (b — a)/n. a and b are the left and
right endpoints of the interval. The Reimann sum yields 0.00554 [-], 0.00618 [-], 0.00617
[-], and 0.00748 [-] for the circular, semi-circular, square, and triangular rib respectively.
The vortex strength is strongest for the triangular rib while the vortex strength for the circle,
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semi-circle and square rib are similar. The combination of the pressure loss due to the

blockage effects and the loss due to momentum exchange that drives the recirculation

yields a higher friction factor for the triangular rib and similar friction factor for other

roughness profiles considered as seen in Figure 4-24.
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Reynolds Number

Figure 4-24: Effect of varying the transverse rib profile on the friction factor for e/D = 0.10 and

4.4.2.2 Effect of relative pitch ratio

p/le=7.5

The transverse roughness rib with the triangular shape showed the most significant thermo-

hydraulic performance, hence, further parametric analysis is conducted to understand the

impacts of the relative roughness pitch on Nusselt number and friction factor.
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Figure 4-25: The effect of varying p/e on the Nusselt number for different relative roughness
heights

Figure 4-25 shows the effect of varying the distance between roughness elements on the
heat transfer. The Nusselt number increases with increase in Reynolds number as expected.
It can be observed that at higher Reynolds numbers (i.e., Re > 13,000), the Nusselt number
increases as e/D decreases which is especially noticeable at the curve apex. For instance,
the Nusselt number for e/D values of 0.10, 0.07, 0.05 and 0.03 at the apex for Re = 19,000
is 110.411, 115.407, 119.647, and 123.457 respectively. However, for lower Reynolds

numbers (i.e., Re < 13,000), Nusselt number increases with increase in e/D. For instance,
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the Nusselt number for e/D values of 0.10, 0.07, 0.05 and 0.03 at the apex for Reynolds
number of 5,000 is 52.663, 52.509, 48.852, and 33.923 respectively. This is the case
because of the thinning the boundary layer with increase in Reynolds number. As explained
in Section 4.4.1, the turbulence for higher e/D values is created at a considerable distance
away from the absorber plate especially for higher Reynolds number flows, hence, the
increase in turbulence kinetic energy for higher roughness heights does not necessarily
translate to increase in heat transfer. Further, there is a consistent trend for all relative
roughness heights (i.e., e/D values of 0.03, 0.05, 0.07 and 0.10). As p/e is increased, the
heat transfer increases up till 2.5 beyond which the Nusselt number decreases with further
increase in the relative pitch ratio. The optimum p/e value of 2.5 is suggestive of a
skimming flow regime (See Section 4.4.1). In other words, irrespective of the relative
roughness height value similar secondary flow structures are evident. The secondary vortex
flow structures formed between consecutive ribs aids efficient heat exchange between the

heat source (i.e., the absorber plate) and the heat sink (i.e., the heat transfer medium).

The heat transfer enhancement as a result of the roughness elements can be seen in Figure
4-26. The heat transfer enhancement is the ratio of the Nusselt number of the roughened
channel to the ratio of the smooth channel at the same Reynolds number. The trend of the
heat transfer enhancement curves also follows the trend of the Nusselt number curves as
expected. Figure 4-26 shows that the heat transfer enhancement decreases with increase in
Reynolds number. This is the case since transverse roughness elements increase the heat
transfer by acting as turbulence generators which will be more beneficial at lower Reynolds
number values. Also, noticeable is the spread of the curves for each relative roughness ratio
value. At the apex, the heat transfer enhancement varies from 1.97 to 2.74, 2.06 to 2.72,
2.14 10 2.52, and 2.20 to 2.25 for /D values of 0.10, 0.07, 0.05 and 0.03 respectively. The
values that are not consistent with the trend in Figure 4-26d have been regarded as outliers
and were ignored. However, it shows that the heat transfer enhancement is higher for
smaller values of e/D at higher Reynolds number and vice versa. This is the case because
the boundary layer is thicker for lower Reynolds numbers which requires taller roughness
elements to effectively break the boundary layer and enhance heat transfer. The maximum
heat transfer enhancement occurs at p/e value of 2.5 for the range of pitch ratios considered

in this study which is coincident with the maximum heat transfer in Figure 4-25.

130



2.8 o 28 m
a)e/D=0.10 b) e/D =0.07
6 £ (a) e/ 6 £ (b) e/
24 + 24 1
22 + 22
520 + 520 +
= =
~ ~
218 + 18 &
16 16 +
14 £ @ Re 5000 O Re 7,000 14 £ @ Re 5,000 - @~ Re 7,000
~~~~~~ A Re9,000 i Re 11,000 coke Re 9,000 e Re 11,000
12 £ & Re 13,000 - & Re 15,000 12 £ e ¢ Re 13,000 - &~ Re 15,000
E o ®- Re17,000 - - Re19000 | T F e & Re17,000 - @ Re 19,000
10 + : : : : 1.0 : : : :
1 2 ofe 8 16 1 2 /e 8 16
2.8 28 T
- ; d) e/D=0.03
ok (c)e/D =0.05 26 & (d) e/
o
24 £ 24 +
22 + 22 +
520 + S"2.0 +
= = [
> B 2 el ee..g = b
218 £ 218+ % g TR euim..
16 16 +
1.4 £ @ Re 5,000 14 £ @ Re5000 - @ Re 7,000
- Re9,000 B REILO0O ) A R 9,000 e A Re 11,000
12 § - Re 13,000 : : 12 f e Re 13,000 o o~ Re 15,000
S Re 17,000 ~Relg000 f | & Re17,000 - B Re 19,000
1.0 : : : : 1.0 : : : :
1 2 406 8 16 1 2 406 8 16

Figure 4-26: The effect of varying p/e on the heat transfer enhancement for different /D values

Similarly, Figure 4-27 shows the variation of friction factor with relative pitch ratio. The

friction factor increases with increase of the relative roughness height as expected due to

protrusion of the roughness elements further into the boundary layer. For Re = 19,000 the
friction factor is 0.16, 0.12, 0.10, and 0.08 for e/D values of 0.10, 0.07, 0.05 and 0.03
respectively at p/e value of 7.5. This trend of increase of friction factor with roughness

height is consistent for all Reynolds numbers. The friction factor increases with increase

in the relative pitch ratio, attains a maximum value and diminishes with further increase in

the relative pitch ratio. The maximum friction factor occurs at p/e = 7.5 for e/D = 0.10 and

0.03 while the maximum friction factor occurs at p/e = 5 for ¢/D = 0.07 and 0.05. Recall

that the friction factor was validated to within £ 8% of the experimental value, it can be

said that the friction factor for p/e =5 and 7.5 are similar.
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Figure 4-27: The effect of varying p/e on the friction factor for different relative roughness
heights

To be certain about the optimal p/e that maximizes the friction factor, it is necessary to
review the wall shear stress profiles (Figure 4-28). For all e/D values, as the relative pitch
ratio is increased beyond 2.5, an inflection point ensues which is an indication of the onset
of flow reattachment or the wake interference region. The inflection point is observed for
p/e =5. At the maximum friction factor the strength of the vortex is maximum and enhances
mixing with the mean flow such that fluid is pulled to the vicinity of the absorber plate.

This creates disturbances in the flow that increases pressure loss in the channel.
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Figure 4-28: Dimensionless wall shear stress profiles for different e/D values and Re = 11,000

Figure 4-29 further emphasis the effect of increasing the relative pitch ratio on the friction
factor. In Figure 4-29, the shear force has been computed for e/D values of 0.10, 0.07, 0.05
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and 0.03 and plotted against the relative pitch ratio. Recall that the shear force is the area
under the wall shear stress profile and is calculated using the Reiman sum. Figure 4-29
shows that the relative pitch ratio that maximizes the friction factor is p/e = 5 since the

shear force is maximized.
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Figure 4-29: Dimensionless shear force profiles for different e/D values

Similarly, the friction penalty follows the same trend as the friction profile as seen in Figure
4-30. It can be observed that the maximum friction penalty occurs at p/e = 5 which is
supported by the detailed analysis of the shear force as seen in Figure 4-29. The spread in
the figures with increase in e/D value can be seen and is attributed to the impact or

effectiveness of the taller roughness heights even at lower Reynolds number flows.
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Figure 4-30: The effect of varying p/e on the friction penalty for different relative roughness
heights

The effect of p/e on the thermo-hydraulic performance can be seen in Figure 4-31. Thermo-
hydraulic performance parameter in analyzes the combi-effect on the heat transfer and
friction factor since it is expected that the heat transfer enhancement should not yield
significant increase in the friction penalty. The range of roughness heights, the thermo-
hydraulic performance parameter is maximized for p/e = 2.5 and Re = 5,000. The maximum
thermo-hydraulic performance parameter is 1.79, 1.93, 1.89 and 1.81 for e/D values of
0.10, 0.07, 0.05 and 0.03 respectively. It is worth noting that for all values of p/e and e/D

in Figure 4-31. The Thermohydraulic performance parameter is greater than one.
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Figure 4-31: The effect of varying p/e on ThPP penalty for different relative roughness heights

4.4.2.3 Effect of relative roughness height

Figure 4-32 shows the effect of /D on the convective heat transfer coefficient for different
values of relative roughness pitch and Reynolds numbers. The relative roughness pitch
values that are shown in Figure 4-32 are representative of the skimming flow regime (i.e.,
p/e = 2.5), wake interference regime (i.e., p/e values of 5 and 7.5) and the isolated flow
roughness regime (i.e., p/e = 15). In the skimming flow regime, Nusselt number increases
with increase in the relative roughness height up till 0.05 for Re < 9,000; beyond which
Nusselt number is constant. For Re > 9,000; Nusselt number increases with increase in

relative roughness heights up till 0.03 and a further increase causes a reduction in the
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Nusselt number. As indicated in Section 4.4.1.2 as the height of the roughness is increased,
the turbulence is created far from the surface of the absorber plate which does not translate

to an increase in the heat transfer coefficient.
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Figure 4-32: The effect of varying e/D on the Nusselt number for different relative pitch ratios

In the wake interference region (i.e., p/e =5), Nusselt number is independent of an increase
in the relative roughness height as evidenced by the flat profile for e/D > 0.03 for the range
of Reynolds numbers considered in the study. As the relative roughness pitch is increased
(i.e., p/le = 7.5), there seems to be a monotonous increase of the heat transfer coefficient
with increase in the relative roughness height especially at higher Reynolds number flows.
This is a similar trend for the isolated roughness flow regime (i.e., p/e = 15). This can be

explained by referring to Figure 4-28. The wall shear stress profile indicates that with higher
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roughness height, the reattachment point is delayed (i.e., the point where the wall shear
stress is zero). This is because of the higher adverse pressure gradient. As such, the
reattached flow length is higher for the lower roughness height. The boundary layer
develops for the reattached flow length and acts to resist heat transfer. Since the reattached
flow length is relatively smaller for the higher relative roughness heights, the resistance to
the heat transfer is lower and hence the increase of the Nusselt number with relative

roughness height.

The same trends noticed on the convective heat transfer by varying the relative roughness
height can be seen in Figure 4-33. For the skimming flow regime, the maximum heat transfer
enhancement of 2.73 occurs at the Re = 5,000 flow condition and e/D = 0.07. Further
increase in the relative roughness height does not lead to significant increase in the heat
transfer coefficient. Similarly, the maximum heat transfer enhancement is 2.13 for p/e = 5.
This occurs at the Re = 5,000 flow condition and e/D = 0.05. The maximum heat transfer
enhancement also occurs at e/D = 0.05 and Re = 5,000 for p/e = 7.5. However, the
enhancement in heat transfer is 1.88. In the isolated roughness regime (i.e., p/e = 15), the
maximum heat transfer enhancement of 1.76 occurs at Re = 5,000 and e/D = 0.03.
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Figure 4-33: The effect of varying e/D on the heat transfer enhancement for different relative

pitch ratios

The effect of the relative roughness height on the friction factor can be seen in Figure 4-34.
As expected, the friction factor increases with increase in the relative roughness height due

to increase in the turbulence kinetic energy for all values of p/e.
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Figure 4-34: The effect of varying e/D on the friction factor for different relative pitch ratios

Figure 4-35 shows the effect of the relative roughness height on the friction penalty. The
trend of the profiles for all relative roughness heights is like that of the friction factor. In
that, the friction penalty increases with increase in the relative roughness height. The
maximum friction penalty in the skimming flow regime is 3.65 and it occurs at e/D = 0.10
and Re = 5,000. The maximum friction penalty in the wake interference flow regime is 4.7
and occurs at /D = 0.1 and Re = 5,000. The maximum friction penalty in the isolated
roughness flow regime is 3.9 and occurs at e/D = 0.1 and Re = 5,000. In other words, the
higher the relative roughness height, the higher the pressure loss in the channel. Notice the
spread in the friction penalty profiles for all values of p/e. This alludes to the statement in
Section 4.4.2.2 that the taller relative roughness heights enhance the turbulence intensity
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in the air channel even at lower Reynolds number flows when the boundary layer thickness

is thicker compared to the higher Reynolds number flows.
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Figure 4-35: The effect of varying e/D on the friction factor penalty for different relative pitch

ratios

The effect of varying the relative roughness height on the thermohydraulic performance
parameter can be seen in Figure 4-36. For p/e = 2.5 the maximum thermohydraulic
0.07 and Re = 5,000. The maximum
thermohydraulic performance parameter for p/e = 5 is 1.54 and occurs at e/D = 0.03 and

performance parameter is 1.93 and occurs at e/D
Re = 7,000. The maximum thermohydraulic performance parameter for p/e = 7.5 is 1.36
and occurs at /D = 0.05 and Re = 5,000. The maximum thermohydraulic performance

parameter for p/e = 15 is 1.38 and occurs at e/D = 0.03 and Re = 5,000. The thermo-
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hydraulic performance analysis shows that the configuration for the triangular roughness
element that maximizes the heat transfer and minimizes the friction factor of the system is
p/e = 2.5, e/D =0.07 and Re = 5,000.
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Figure 4-36: The effect of varying /D on ThPP for different relative pitch ratios

4.4.2.4 Development of correlation for Nusselt number and friction
factor

The dimensionless heat transfer coefficient and friction factor for the triangular roughness

elements are correlated with the relative roughness pitch (p/e), relative roughness height

(e/D) and Reynolds number according to the polynomial expressions given in Equation

4-19 and Equation 4-20 respectively.
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Figure 4-37 compares the prediction of the derived correlations and the computational data
for the average Nusselt number and friction factor. The correlation is accurate to within +
10% for the average Nusselt number and friction factor for more than 80% of the CFD
generated data. The polynomial expressions in Equation 4-19 and Equation 4-20 are

sufficiently accurate in predicting the Nusselt number and friction factor respectively.
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Figure 4-37: Comparison of predicted and simulated (a) Nusselt number and (b) friction factor

The Nusselt numbers for the square and semi-circle correlate linearly with the Nusselt
number of the triangular rib for the same geometry and flow parameters. The Nusselt
numbers for the air channel with square and semi-circular transverse rib can be estimated
from Equation 4-21 and Equation 4-22 respectively. Refer to Section 4.4.1.5 for correlation

estimating the Nusselt number and friction factor for the circular transverse rib.
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Nugsguare = 0.7669 Niyrigngie +7.03 Equation 4-21
Nusemi—circle = 0.7943 Nutriangle + 5.9965 Equation 4-22

The accuracy of the derived correlation is checked with the CFD derived data and shown

to be sufficiently accurate in Figure 4-38.
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Figure 4-38: Comparison of predicted and simulated Nusselt number for (a) square and (b) semi-

circular rib

Similarly, the friction factor for the square and semi-circle correlates linearly with the
friction factor of the triangular rib for the same geometry and flow parameters. The friction
factor for the air channel with square and semi-circular transverse rib can be estimated from

Equation 4-23 and Equation 4-24 respectively.

[square = 0.86613 fiang1c — 0.0042564 Equation 4-23
[ semi—circte = 0.87523 firiangie — 0.0085587 Equation 4-24

The accuracy of the derived correlation is checked with the CFD derived data and shown

to be sufficiently accurate in Figure 4-39.
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Figure 4-39: Comparison of predicted and simulated friction factor for (a) square and (b) semi-

circular rib

4.5 Conclusion

The effect of shape, height, and pitch of a transverse roughness element in a Building
integrated photovoltaic and thermal (BIPV/T) air channel has been numerically assessed.
The shapes considered in this study are square, circle, semi-circle, and triangle. These
shapes have been chosen because they are the most prevalent in literature on transverse
ribs. The rib height is varied from 1 mm to 10 mm for a channel with hydraulic diameter
of 100 mm. Inherently, the relative roughness height is varied from 0.01 to 0.10. The
relative roughness pitch (i.e., the dimensionless distance between consecutive ribs) was

considered in the range of 1.5 to 50 for all the roughness heights considered in the study.

The numerical analysis is conducted using computational fluid dynamics (CFD). The
numerical accuracy of the CFD model is confirmed with experimental data from literature
to within experimental tolerance before the parametric analysis is conducted. The
following conclusions are deduced from the computational analysis:
e Using the transverse circular rib as case study, three distinct flow structures are
present and identified as skimming flow regime for p/e < 3.5, wake interference

flow for 3.5 < p/e < 9.5 and isolated roughness flow for p/e > 9.5
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Similarly, two clear flow regimes were observed according to the Reynolds
roughness number parameter, the fully rough flow regime (e* > 70) for ¢/D > 0.05
and the transitionally rough flow regime (5 < e* < 70) for /D < 0.03.

The thermo-hydraulic performance analysis showed that the transverse circular rib
with e/D = 0.05 and p/e = 20 and a flow condition of Re = 5,000 are the optimal
geometric and operational parameters for the range of parameters considered.

The triangular roughness profile demonstrated the best heat transfer enhancement.
This inherently meant that the friction factor was the most significant compared to
the other roughness profiles. However, the triangular transverse rib showed an
overall better thermo-hydraulic performance. The mechanism of heat transfer was
attributed to the shedding of the trapped vortex in the immediate downstream and
upstream of the roughness element due the obtuse angle formed at the bond between
the transverse rib and the hot surface representative of the PV module. The circular
profile provided the least heat transfer enhancement while the semi-circle and
square profile are similar.

Further parametric analysis on the triangular rib is conducted since it yielded the
most heat transfer enhancement. From the range of relative pitch ratios considered
ple = 2.5 (i.e., skimming flow regime) yielded the best heat transfer enhancement.
The mechanism of heat transfer enhancement suggests that the recirculation flow
between consecutive ribs enhances heat exchange between the hot plate and the
heat transfer medium. Also, p/e = 5 showed the highest friction penalty in that the
turbulence generated by the vortical flows between consecutive roughness elements
contributed more to the overall pressure loss in the channel. Overall, p/e = 2.5
provided the best thermo-hydraulic performance.

The maximum thermo-hydraulic performance is obtained at p/e = 2.5, ¢/D = 0.07
and Re = 5,000. This is because at higher relative roughness heights, the roughness
element protrudes more into the boundary layer especially for lower Reynolds
number flows which enhances the turbulence and consequently, the heat transfer
coefficient.

A polynomial expression is derived for the Nusselt number and friction factor as a

function of the relative roughness height (e/D), relative roughness pitch (p/e) and
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Reynolds number (Re); and shown to be accurate to within + 10% and +12%

respectively.
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Chapter 5

5 A novel BIPV/T facade concept with coupled air and
refrigerant heat extraction system — Validation of the
coupled air and refrigerant flow CFD model

In Chapter 4, the heat transfer augmentation associated with a BIPV/T forced air channel
roughened with transverse ribs was investigated. The influence of the roughness height,
roughness shape and roughness shape were studied. Although, the transverse rib geometry
was optimized, the hot spot problem associated with of the transverse rib roughness was
still observed. An alternative cooling strategy is to institute a secondary flow in the
transverse tube roughness elements to eliminate the hot spot phenomenon. The secondary
fluid proposed herein is a refrigerant such that the BIPV/T facade as the evaporator for a

heat pump cycle as seen in Figure 5-1.
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Figure 5-1: Schematic of a BIPV/T facade coupled with heat pump technology for
domestic hot water heating

The BIPV/T wall assembly in Figure 5-1 consists of a PV cladding and the insulated inner
wall. Refrigerant tubes are installed behind the PV cladding such that the BIPV/T wall
assembly acts as a PV/T evaporator. At the same time, the surface temperature of the PV

cladding is regulated since it is well known that the PV electrical efficiency is temperature

152



dependent. An airflow path separates the PV cladding from the insulated inner wall. The
airflow in the cavity is mechanically controlled based on the building operation to enhance
the operational feasibility of the BIPV/T and Heat pump concept (See Figure 5-2). In Mode
1, the airflow pattern is like an outdoor air curtain fagade for a cooling mode building
operation (i.e., peak summer operation). In Mode 2, a Trombe wall air flow pattern is
simulated for the heating mode building operation (i.e., peak winter operation). In Mode 3,
an exhaust air flow pattern is simulated for the building operation with no heating or
cooling. In effect, the BIPV/T facade operates as a PV/T evaporator and an air source heat
pump. Below an outdoor temperature of 5°C, the system is shut off. This multi-

functionality has the potential to improve the cost effectiveness of the BIPV/T facade.
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Figure 5-2 - lllustration of BIPV/T facade ventilation schemes

In essence, the BIPV/T concept proposed is an airflow enhanced PV/T evaporator. The
enhancement provided by instituting airflow behind the cladding can be quantified by both
experimental and numerical techniques. The decision on the approach taken to quantify the
useful heat gain of the BIPV/T facade evaporator must be based on sound understanding

of multiphase flow boiling heat transfer coupled with airflow heat transfer and flow
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dynamics. A condensed literature review on saturated flow boiling is presented in the next

section.

5.1 Literature Review

The refrigerant flow involves change of phase from liquid to gas due to the heat gain from
the available solar radiation and ambient temperature. Figure 5-3 shows the flow regimes
during evaporation (De Schepper et al., 2009).

o Q7 )
Bubble Plug Slug Wavy Stratified | Annular
flow flow flow flow flow flow

Figure 5-3: Flow regimes during saturated flow boiling (De Schepper et al., 2009)

As seen in Figure 5-3, the two-phase flow is characterized by six (6) flow regimes. These
include the bubble flow, plug flow, slug flow, wavy flow, stratified flow, and annular flow
regime. The two-phase flow regimes do not always occur in the sequence shown in Figure
5-3 since they are dependent on the density and viscosity of both phases, the heat flux on
the tube wall, and the liquid and vapor velocity (De Schepper et al., 2009). That said, the
flow regimes during evaporation can be characterised as the dispersed bubbles (i.e., Bubble
flow), stratified flow (i.e., Slug flow) and dispersed sprays (i.e., Annular flow). In the
dispersed bubble flow, the gas phase is dispersed in the liquid. In the stratified flow regime,
the gas and the liquid remain separated by a large-scale interface and in the dispersed

sprays, the liquid is dispersed in the gas.

Generally, the inception of boiling is characterized by the bubble flow regime. As the vapor
mass fraction increases, the bubbles grow and coalesce to form vapor slugs (Incropera et
al., 2007). The slug flow regime is followed by an annular flow regime. The annular flow
regime is characterized by the formation of liquid films on the interior tube walls and vapor
flow at the core of the tube. The fluid is superheated when the liquid films and the dispersed

sprays are completely evaporated.
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It is clear from Figure 5-3 that both liquid and gaseous phases can occur in any cross-
section of the saturated flow boiling region. The mean vapor mass fraction (i.e., X) is then

defined according to Equation 5-1 (Incropera et al., 2007)

S, pu(r,x)XdA,

m

X Equation 5-1

Further, the local heat transfer coefficient varies significantly along the tube in the saturated
flow boiling region. Hence, predicting the local heat transfer coefficient is a complex
exercise. While experiments can give us a more accurate representation of the saturated
flow boiling heat transfer, experiments do not inform on the detailed heat transfer and flow
characteristics due to limitations on sensor technology. Hence, only the bulk flow
characteristics can be derived. Knowing that the heat transfer coefficients in two-phase
flows are fluid dependent, the cost-effectiveness of conducting experiments is low. Yu et
al., (1999) derived heat transfer coefficient correlations for flow boiling in smooth
horizontal tubes based on experiment of some pure refrigerants. Similar experimental study
was conducted by Tibirica & Ribatski (2010) for R134a and R245fa in a 2.3 mm refrigerant
tube. The experimental data was compared with some flow boiling predictive methods
from literature. The heat transfer prediction methods yielded errors in the range of 18.7%
to 81.8%. Kaew-on & Wongwises, (2009) experimentally investigated the heat transfer

coefficient and pressure drop of R410A in a multiport mini-channel.

CFD is a useful tool to understand the heat transfer and flow characteristics of each of the
flow regimes in saturated flow boiling. The impact of vapor quality, heat flux, mass flux,
channel diameter, bubble frequency, and saturation temperature on the saturated flow
boiling heat transfer performance of a slug flow within a horizontal, circular microchannel
was investigated using CFD (Magnini & Thome, 2016). It is shown that the heat transfer
is enhanced by smaller channels and large bubble frequency. Increasing the saturation
temperature reduces the heat transfer coefficient. Magnini et al. (2013) employed detailed
CFD to derive a new multiple bubble heat transfer model to predict the local variation of
the heat transfer coefficient for a slug flow. Ferrari et al. (2018) compared the flow features

and heat transfer of slug flows in a square and circular channel cross-sections using CFD.
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The effect of inlet mass flux, wall heat flux and inlet vapor quality on the heat transfer
coefficients and flow patterns in the annular flow boiling regime in a single rectangular
microchannel using CFD (Luo et al., 2020). Liu et al. (2017) presented a numerical study

on transition from slug flow to annular flow in a micro-channel with a diameter of 0.4 mm.

The detailed analysis of the flow regimes reveals two types of heat transfer regimes that
are associated with saturated inlet conditions (See Figure 5-4). In the Nucleate boiling
dominant heat transfer, the bubbly and slug flow regimes span a significant fraction of the
channel length while the annular flow regime convers a significant portion of the tube
length in the convective boiling dominant heat transfer (Kim & Mudawar, 2013). The heat
transfer coefficient for the nucleate boiling dominant heat transfer is relatively more stable
than the convective boiling dominant heat transfer regime. The convective boiling
dominant heat transfer is characteristic of high heat flux flows while the Nucleate boiling

dominant heat transfer is more prevalent in low heat flux flows.
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Figure 5-4: Schematic of the (a) Nucleate boiling and (b) Convective boiling dominant
heat transfer regime (Kim & Mudawar, 2013)

Knowing that the two-phase heat transfer coefficient for low heat flows is relatively
constant during saturated flow boiling, lower order numerical methods are often employed.
This is the premise for the adoption of the CFD assisted numerical methods especially in
heat exchanger simulations. The two-phase is predicted using one-dimensional
mathematical methods that employ thermodynamics first laws, while the airflow is
simulated using CFD. A finite volume heat exchanger (HX) model was coupled with 2D
CFD simulations of airflow to optimize an A-type heat exchanger concept (Tancabel et al.,
2021). Shojaeefard et al., (2017) coupled CFD for 3D airflow analysis and 1D finite
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element model to solve the two-phase flow to model heat exchanger flow mal distribution.
Lee et al., (2018) also employed this hybrid coupled CFD approach to investigate the effect
of HX geometry and airflow rate on the airflow distribution and heat exchanger
performance. A distributed model was applied to simulate the refrigerant flow and heat
transfer and 3D CFD to simulate the air side flow and heat transfer performance via porous
media approach (Ma et al., 2020). Other studies that employed this hybrid CFD approach
are Paz etal. (2019), You et al., (2018), Singh et al., (2008; 2011), and Yashar et al., (2014).
These hybrid CFD approaches are facilitated by generalized approaches based on
experimental data for determining the heat transfer coefficients in two-phase flows (Fang
etal., 2017 and Kim & Mudawar, 2013).

In HX applications, the hybrid CFD approach is used since the performance is highly
dependent on the airflow distribution. However, for a BIPV/T application with coupled
airflow and refrigerant heat extraction system, the performance is dependent on the airflow
distribution, the pressure distribution in the refrigerant tube and the temperature
distribution on the surface of the PV panel. This is important because of the implication of
the accuracy of predicting the electrical efficiency and thermal efficiency (or useful heat
gain) of the BIPV/T facade evaporator. Hence, a fully coupled CFD approach is
implemented to study the heat transfer and flow characteristics of the BIPV/T facade

concept.

5.2 CFD Validation

The numerical simulation is conducted using computational fluid dynamics (CFD) and
validated using experimental data in Literature (Ji et al., 2009; Skullong et al., 2015). A
decoupled approach is taken to validate the CFD model. In the decoupled approach, it is
assumed that the BIPV/T facade evaporator is equivalent to superimposing a solar air
heater with a transverse rib roughened channel for heat transfer augmentation and a PV/T
evaporator as seen in Figure 5-5. In other words, the airflow and refrigerant flow are
validated separately. The coupling of the air side and refrigerant-side (i.e., the BIPV/T

facade evaporator in Figure 5-5) is inherently handled by the governing equations.
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Figure 5-5 - lllustration of the decoupled validation approach

The air flow is validated using published experimental data from Skullong et al., (2015) in
the heat transfer effectiveness of a SAH channel roughened with square was assessed. The
derived dimensionless convective heat transfer coefficient (i.e., Nusselt number) and
dimensionless pressure loss (i.e., friction factor) were compared with the experiment. To
ensure numerical accuracy, the CFD model is numerically verified with CFD study by
Yadav & Bhagoria (2013) for a SAH with transverse circular rib roughness. Similarly, the
refrigerant side is validated with experiment on PV assisted heat pump (Ji et al., 2009).
Please refer to Skullong et al., (2015) and Yadav & Bhagoria (2013) for a more detailed
description of the experimental setup. The Air-side validation is presented in Section 5.2.2

and the refrigerant-side validation is presented in Section 5.2.1.

5.2.1 Refrigerant-Side Validation

This heat transfer and flow problem is solved by implementing the Steady Reynolds
Averaged Navier-Stokes and Energy equations (See Section 5.2.1.2) for steady flow
justification). The multiphase flow is typically modelled using the Volume of Fluid (VOF)
method (Luo et al., 2020; Jatau & Bello-Ochende, 2021; Sarkar, 2021; Yue et al., 2018).
The VOF method tracks the fluid-fluid interface which is especially important for
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understanding the flow regime evolution in the two-phase flow. However, it was shown
that the flow regime does not significantly affect the two-phase heat transfer coefficient for
the current applications, hence, the additional modelling complexity associated with the
VOF method is not desired. The multiphase flow is modeled using the Two-phase
thermodynamic equilibrium model (a multiphase mixture Eulerian approach). The Two-
phase thermodynamic equilibrium model assumes the liquid and gaseous phases exist as a
homogeneous single-phase system. The phase distribution (i.e., Volume fraction) is
derived from the static enthalpy distribution (Equation 5-2) under the assumption of

thermodynamic equilibrium (Siemens, 2018).

h, —h
m—ls)] Equation 5-2

hvs - hls

where, h;; and h,, are the liquid and vapour enthalpy at saturation temperature and h,,, is

Y = max [0, min (1,

the mixture enthalpy. Then the vapour volume fraction is given in Equation 5-3.

~ Y
Y+ (1-Y)Lws
Pis

a, Equation 5-3

where, p,,c and p;¢ are the vapour and liquid densities at saturation temperature. Turbulence
is modeled using the shear stress transport k-omega turbulence model. The numerical
model is validated with published experimental data (Ji et al., 2009). The details of the

numerical setup are outlined in the following sections.

5.2.1.1 Computational Domain

The computational domain consists of the PV module, the thermal collector, and the

refrigerant fluid as seen in Figure 5-6.
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Figure 5-6 - Numerical representation of the PV evaporator and Boundary conditions

The insulation behind the thermal collector is accounted for by a thermal resistive value
that will be discussed further in the Boundary conditions. The PV modules is represented
by a 0.5 mm thick continuous plate. The thermal collector is represented by a 1.5mm thick
aluminum plate with 7 mm semi-circular ribs spaced evenly at 130mm pitch lengths. Each
semi-circular rib has 6 mm concentric hollow cylinders which contains the respective fluid
segments. A contact resistance of 0.042 m?-K/W is applied at the interface between the PV
module and the thermal collector. The PV module is modelled as an aluminum plate. The
optical properties of the solar cells are derived from published data in Ji et al., (2009). The
fluid elements are simulated as 18 consecutive fluid segments that extend beyond the
thermal collector by 0.4m on both sides. This was done to enhance meshing efficiency. An

internal interface has been created between consecutive fluid elements.

5.2.1.2 Mesh Generation

The computational domain is discretized with extruded quadrilateral mesh as shown in
Figure 5-7. This ensured that the interfaces between the sub-components of the
computational domain was effectively captured. Ten prism layer meshes are employed to

capture the near wall viscous dominated flow in the fluid domain such that the y* < 1. Four

161



perpendicular extruded meshes were employed across the PV module to effectively capture

the temperature variation (Figure 5-7).

Figure 5-7 - Typical mesh of each fluid segment

Grid convergence or sensitivity was assessed by evaluating the number of longitudinal
volume extrusions required for accurate prediction of the collector pressure drop and the
outlet vapor quality. The coarse mesh, normal mesh and fine mesh had 2, 12 and 30
longitudinal volume extrusions respectively. This amounted to 151,148, 516,888 and
1,175,136 grid cells for the coarse, normal and fine mesh respectively. The mesh
independency study is carried out for the peak outdoor conditions for the outdoor
conditions given in Figure 5-8. The peak solar radiation intensity is 838 W/m? and it occurs
at noon. The outdoor air temperature and PV surface temperature that corresponds with the

peak solar is 12.4°C and 34.6°C respectively.
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Figure 5-8: Exterior climate parameters and the measured PV surface temperature
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Before the mesh sensitivity study is carried out, the unsteadiness in the flow is assessed for
the peak outdoor conditions. The initial conditions for the simulations are specified from
experimental data for the time step before. Note that the outdoor conditions were taken
hourly as this time scale is consistent with typical building applications. Hence, the goal
was to assess the variation of the collector surface temperature and the pressure drop in the
channel at peak conditions. The simulation is carried out using a 5 min time step. Note that
the unsteadiness in the flow is assessed by assuming a step function for the PV surface
temperature. In other words, the PV surface temperature is constant for the hour being
simulated. Figure 5-9 shows the variation of the collector temperature and pressure drop
with time under peak conditions for the studied day. For an hourly weather data, the
collector surface temperature varies from 289.4 K to 289.5K. This is a change of 0.022%
within the time step. Also, the pressure drop increases from 95.7 MPa to 99.2 MPa. This
corresponds to 3.55% increase in the time step for the peak solar hour being considered. In

fact after 15 min, steady state conditions can be assumed.
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Figure 5-9: Variation of the collector temperature and pressure drop within a time step

under peak outdoor air conditions

Since the collector temperature and pressure drop did not vary considerably within the peak
solar hour. A steady state simulation approach is used for the mesh sensitivity study. The
grid sensitivity study is also carried out under peak solar conditions. The outlet quality and

the pressure drop are the parameters of interest. Table 5-1 shows that with further
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refinement of the mesh beyond 516,888 grid cells, there is no improvement in the
prediction accuracy of the numerical model. Hence, the normal mesh is deemed sufficiently

accurate.

Table 5-1: Summary of mesh independency study

) Outlet Quality, % Increase in Pressure % increase in
Grid count
X X drop, Ap Ap
Coarse 151,148 0.561 - 9420.5 -
Normal 516,888 0.561 0.02% 9561.1 1.49%
Fine 1,175,136 0.561 0.02% 9499.4 0.65%

5.2.1.3 Boundary Conditions

A temperature boundary condition is applied on the top surface of the PV module and a
uniform heat flux boundary condition on the bottom surface of the thermal collector. All
the other walls are assumed adiabatic. The heat flux boundary condition specified at the
bottom surface of the thermal collector is given in Equation 5-4.

Tex_Ts
o Tea=T)

Equation 5-4
R

Where, T,,; is the outdoor air temperature (i.e., 285.6 K), T is the collector surface
temperature which is intrinsically calculated and R;;, is the thermal resistance between the

back of the collector and the ambient (Equation 5-5).

t; .
R, = 1/h + ‘"s/kins Equation 5-5

ext

Where, t;,,s IS the insulation thickness (i.e., 0.03 m), k;,,¢ is the thermal conductivity of the
insulation material (i.e., 0.036 W/m-K), and h.,; is the combined exterior convection and

radiation heat transfer coefficient which is given in Equation 5-6 (Ji et al., 2009).
hey; =3.0Vp+2.8 Equation 5-6

where, V;, is the measured wind speed at 10 m above ground. The temperature BC is

consistent with the experimentally measured data (See Figure 5-10). This is due to the lack
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of availability of specific climate data. A mass flux is specified at the inlet as specified
from the experiment (see Figure 5-10). The fluid domain was extended 0.4 m as seen in
Figure 5-6 to attain a fully developed flow at the inlet and to minimize back flow at the
outlet. No-slip boundary condition is assigned to all the walls except the extended fluid
lengths to limit the impact on the collector pressure loss. The R22 refrigerant enters the
domain at saturation temperature and pressure. The hourly variation of the saturation
pressure is given in Figure 5-10. The properties of R22 at saturation are derived from NIST
Chemistry WebBook (Linstrom & Mallard, 2001). The state properties are determined
from a volume weighted mixture summation for the dynamic viscosity and thermal

conductivity and mass-weighted mixture summation for the specific heat.
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Figure 5-10: Variation of the Inlet saturation pressure and mass flow rate with time

The turbulence characteristics at the inlet is described by specifying the turbulence
intensity. The turbulence intensity is estimated by the Equation 5-7. At the outlet, a pressure

outlet boundary condition is assigned with gauge pressure of 0 Pa.
I1=0. 16(Re)‘1/8 Equation 5-7

The conservation equations of mass and momentum are solved using the Segregated Flow
Model while the energy equation is solved using the Segregated Enthalpy Model. The

Second-Order Upwind scheme is used to discretize the governing equations. The solution

165



is converged for all residuals (i.e., continuity, velocity components and energy) less than
10,

5.2.1.4 Performance Indicators

The accuracy of the CFD model is assessed by comparing the thermal output, the thermal
efficiency, the pressure drop along the tube length, and collector efficiency. The thermal

output is given in Equation 5-8.
Qu = mref(hout — hin) Equation 5-8

where, m...fis the refrigerant flow rate from Reynolds number (Re = mD/yA)’ h;y, is the

inlet enthalpy and, h,, is the outlet enthalpy. The thermal efficiency is given in Equation
5-9.

Nin = Qu/G(rB)vac Equation 5-9
where, G is solar radiation, A, is collector area, and (zf3),, is the effective absorptivity of

the PV cells. The electrical efficiency is given in Equation 5-10 (Lai & Hokoi, 2015).

Net = nref[l - ﬂref(Tc - Tref)] Equation 5-10

where, n,.ris the electrical efficiency at reference temperature (Ti..r), Breris the

temperature coefficient and, T, is the cell temperature. The electrical output of the PV cells

is given in Equation 5-11,

Qetec = GTepaMer Equation 5-11

where, 7., is the transmissivity of EVA.
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5.2.1.5 Validation Results

The numerical error was quantified with the root mean square error (RMSE) and the
normalized root mean square error (NRMSE) given in Equation 5-12 and Equation 5-13
(Chai & Draxler, 2014).

1" 2 ,
RMSE = \/ZZ 1(ysim — Yexp) Equation 5-12
i=

RMSE
NRMSE = —

Equation 5-13
Figure 5-11 compares the CFD prediction of the hourly variation of collector temperature
with the experimental setup. As seen in Figure 5-11, there is good agreement between the
numerical prediction and the experimental data. The maximum deviation of the numerical
predicted collector temperature is 1.20% and it occurs at 4pm for the day being considered.
This may be due to the uncertainty in specification of the contact resistance between the
PV cells and the absorber plate. Also, heat loss from the bottom surface may be
underestimated in the CFD model due to the uncertainty in specifying the wind speed.
However, the RMSE and NRMSE for the CFD prediction of the collector surface
temperature is 2.10 K and 0.74% respectively.
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Figure 5-11: Comparison of the Numerical prediction of the collector temperature with

experiment
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Figure 5-12 compares the CFD prediction of the hourly variation of the heat gain with the
experimental data. As seen in Figure 5-12, there is good agreement between the numerical
prediction and the experimental data. The maximum deviation of the numerical deviation
of the numerical data and the experimental data is 19.7% and it occurs at 3 pm for the
experimental period. However, the RMSE and NRMSE for the CFD prediction of the PV
evaporator heat gain for the day is 151.4W and 7.81% respectively.
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Figure 5-12: Comparison of the Numerical prediction of the hourly variation of the useful

heat gain with experiment

Figure 5-13 compares the CFD prediction of the PV evaporator pressure loss with the
experimental data. The good agreement between the CFD prediction of the evaporator
pressure loss and experimental data can be seen in Figure 5-13. The RMSE and NRMSE for

the CFD prediction of the PV evaporator pressure loss is 5.22 kPa and 5.53% respectively.
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Figure 5-13: Comparison of the numerical prediction of the hourly prediction of the

pressure drop with experimental data

The accuracy demonstrated in the present CFD study is better than similar numerical
studies in literature. A similar study conducted to verify the accuracy of a dynamic
mathematical PV/T model to predict the heat gain and pressure loss is also shown in Figure
5-11, Figure 5-12, and Figure 5-13 respectively. The mathematical model is composed of
the heat balance equations of the PV module, the 2D heat conduction equation of the
thermal collector and the conservation equations of the refrigerant flow. The equations of
the mathematical model are discretized with the implicit finite difference method and
solved by implementing a numerical simulation program written in C++ language. The
distributed mathematical model predicts the collector temperature and heat gain with a
reasonable degree of accuracy. The NRMSE for the numerical prediction of the collector
temperature and PV evaporator heat gain is 0.53% and 8.6% respectively. However,
NRMSE for prediction of the pressure drop is 61.4%. The error is significantly higher than
what is achieved in the CFD model. Hence, the CFD model is sufficiently capture the

thermohydraulic characteristics of the PV evaporator.

5.2.2 Air-Side Validation

The flow in the air channel is characterized by separated flow caused by the pseudo
roughness elements and heat transfer. This conjugate heat transfer problem is solved by

implementing the steady Reynolds Averaged Navier-Stokes and Energy equations.
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Turbulence is modeled using the shear stress transport (SST) k-omega turbulence model.
The governing equations have been simplified by assuming fluid incompressibility and
negligible radiation heat transfer. The numerical setup for validation of the CFD model is
detailed in the following section.

5.2.2.1 Computational Domain

The computational domain is shown in Figure 5-14. The computational domain consists of
the Aluminum absorber plate and air channel. The absorber plate is a 440 mm x 300 mm x
6 mm plate 6mm square roughness elements appended on the bottom surface of the plate.
The square roughness elements are spaced 40 mm apart. Uniform heat flux is applied at

the top of the absorber plate. The thermal properties of absorber plate is outlined in

Table 5-3. The air channel consists of the 600 mm entrance section, the 440 mm test section
and the 300 mm exit section. The entrance section ensures a fully developed flow prior to
the test section and the exit section ensures a settled flow at the air channel exit. The air

channel depth is 30 mm and the channel width is 300 mm.
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Figure 5-14: 3D Computational Domain and Boundary Conditions

5.2.2.2 Mesh Generation

The computational domain is discretized using extruded quadrilateral mesh with a typical
size of 21—5H, where H is the channel height (i.e., 30 mm). The mesh is refined around the

roughness elements by a factor of 10 to capture the complex flow structures due to flow
separation and possible reattachment. A mesh growth rate of 1.05 ensured a smooth
transition from the finer mesh to the relatively coarse mesh in the undisturbed flow region.

To capture the near wall temperature gradient, four prism layers have been employed. The
total thickness of the prism layer is — (£#) and a stretching factor of 1.5 ensured that the
10 \15

y" < 1. The 2D quadrilateral is extruded to form 10 equidistant volumetric meshes

perpendicular to the flow. The meshing scheme yielded 1,491,250 grid cells (Figure 5-15).
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The mesh is further refined to 2,236,875 and 2,982,500 cells and a mesh sensitivity is
carried. The mesh independency study is conducted for an inflow of Re — 7,342. The impact
of the mesh refinement on the prediction of Nusselt number and friction factor is
summarized in Table 5-2. Further refinement beyond 1,491,250 yielded negligible
improvement in the numerical accuracy of the CFD model. Hence, the mesh with 1,491,250

cells is sufficiently accurate to simulate the flow characteristics.

Table 5-2: Summary of mesh independency study

No. Grid count Nu % Increase in Nu f % increase in f
1 1,491,250 62.057 - 0.107 -

2 2,236,875 62.380 0.52% 0.107 0.59%

3 2,982,500 62.699 0.51% 0.107 0.29%

5.2.2.3 Boundary Conditions and Solution Strategy

A uniform heat flux of 1000 W/m? is applied on the top surface of the absorber plate. All
the other walls of the computational domain are adiabatic. No-slip boundary condition is
applied to all the walls in the air channel. Air at 300 K enters the computational domain (
Table 5-3). A constant velocity inflow profile is specified at the inlet depending on the flow
condition. A pressure boundary is specified at the outlet with gauge pressure of 0 Pa. The
inflow and outflow turbulence intensity were estimated according to Equation 5-7 (Kumar
etal., 2018).

Table 5-3: Thermophysical properties of Aluminum and air
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Property Unit Aluminum Air

']I('hermal conductivity, WIm/K 237 0.0263
Density, p kg/m?® 2702 1.1614
Specific heat, C, Jkg/K 903 1007
Dynamic viscosity, u N s/m? - 1.85x 10°
Prandtl number, Pr - 0.707

The conservation equations of mass, momentum and energy are solved sequentially by
implementing the segregated solver. The Second-Order Upwind scheme is used to
discretize the governing equations. The SIMPLE (semi-implicit method for pressure linked
equations) algorithm is implemented for the pressure-velocity coupling. The solution is

converged for all residuals (i.e., continuity, velocity components and energy) less than 10°
6

5.2.2.4 Performance Indicators
The heat transfer effectiveness and hydraulic performance of the SAH system with
transverse roughness ribs is quantified by the Nusselt number and friction factor

respectively. The Nusselt number is given in Equation 5-14.
Nu=— Equation 5-14

The fluid properties of air are taken at the bulk fluid temperature (i.e., the average of the
inlet and outlet temperature;(T,,: + T;»)/2. The friction factor gives an indication of the

pressure loss in the air channel (Equation 5-15).

~ (AP /L) 5

r= 1/, pU?

Equation 5-15
where, AP is the pressure drop from the inlet to the outlet, L is the length of the solution

domain (i.e., 3m), D is the hydraulic diameter, p is the density at the bulk fluid temperature,

and U is the inlet velocity derived from the Reynolds number (i.e., Re = pUD/# ).
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5.2.2.5 Validation Results

The numerical error was quantified with the root mean square error (RMSE) and the
normalized root mean square error (NRMSE). Figure 5-16 compares the numerical
prediction of the average Nusselt number and friction factor against experiment. There is
a very good agreement between the numerical model prediction of the Nusselt number and
the experimental data for the Reynolds number range considered. The RMSE and NRMSE
for the numerical prediction of the Nusselt number is 2.92 and 4.65% respectively. This is
within the experimental error of + 6% for the Nusselt number. Similarly, The RMSE and
NRMSE for the numerical prediction of the friction factor is 0.00714 and 6.16%
respectively. This is within the experimental error of + 8% for the friction factor. Since the
NRMSE for the Nusselt number and friction factor is within experimental error of the
published data, the numerical model is considered sufficiently accurate for further

computational analysis.
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Figure 5-16: Comparison of the Numerical prediction of the Nusselt number and friction

factor with published experimental data
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5.3 Coupling of the Refrigerant-side and air-side CFD model

The air-side and refrigerant side were validated and coupled as shown in Figure 5-17 and
a preliminary analysis is conducted on the heat transfer and flow characteristics of the
BIPV/T cooled with air and refrigerant flow. The boundary conditions are similar to Figure

5-6 with some modifications.

7

Pressure
Outlet

PV Module
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Figure 5-17: 3D computational domain of the BIPV/T facade evaporator concept

An indoor heat flux boundary condition is specified at the bottom of the computational

domain. The indoor heat flux boundary is given in Equation 5-16.
Q indoor = hint(Ts - Tint) Equation 5-16

where, Ts is the surface temperature, Tint is the indoor air temperature (i.e., 20°C) and hint
is the combined convection and radiation heat transfer coefficient which is given as 8.29
W/m2K for the vertical oriented surface (AHSRAE HOF, 2017). The Outdoor heat flux

boundary condition specified on the PV module is given in Equation 5-17.

Qtotal = PF(Qrad + Qconv + sty + Qelec) Equation 5-17
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where, Q.44 IS the measured solar radiation intensity on the PV evaporator, Qonyext 1S
convective heat loss or gain due to wind, Qg is the sky radiation, Q.. is the electricity

output from the PV cells, and PF is the packing factor (i.e., 85%). The convective heat

transfer in given in Equation 5-18.
Qconv,ext = hext(Ts — Text) Equation 5-18

where, T is the PV surface temperature. The sky radiation is given in Equation 5-19
(Nghana et al., 2021):

Qsiy = es0 (T3 - T:ky Equation 5-19

where, & is the surface emissivity (i.e., 0.85 for the PV cells), o is the Stefan Boltzmann
constant (5.67 x 10" W/m?/K?), and Ty, is the sky temperature. The sky temperature is

estimated according to Equation 5-20.
Ty = 0. 05527, > Equation 5-20

The electrical output of the PV cells is given in Equation 5-21 and the solar radiation on

the PV evaporator is given in Equation 5-22.
Qetec = GTepallel Equation 5-21

where, G is the solar radiation (i.e., 840 W/m?) ., is the transmissivity (i.e., 0.89 derived
for the peak solar condition), the temperature dependent electrical efficiency (i.e., n,;) is

given in Equation 5-10.
Qraa = G(TB)py Equation 5-22

where, (tf3),y is the effective absorptivity of the PV cells given in Equation 5-23 (Ji et al.,
2009).

Tevaﬁ pv

1-(1—Bpy) T

(Tﬁ)pv = Equation 5-23
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where, B, is the absorptivity of the PV cell. The transmissivity (i.e., 7.,4) and reflectivity;

r, are derived according to Equation 5-24 and Equation 5-25 respectively (Ji et al., 2009).

1-7r .
Teya = 1+r Equation 5-24

_ sin? (01 - 02) tan? (01 - 02)

r= Equation 5-25
sin? (91 + 92) tan? (91 + 92) a

where, 6, and 6, are the incidence and refraction angle of the solar beam. The solar
incidence angle is calculated according to Equation 5-26 (AHSRAE HOF, 2017).

cos(0,) = sin(L) sin(J) cos(pB)
— cos(L) sin(6) sin(B) cos(Zy)
+ cos(L) cos(8) cos(h) cos(B) Equation 5-26
+ sin(L) cos(8) cos(h) sin(B) cos(Z,)
+ cos(d) sin(h) sin(pB) sin(Z;)

where, L is the location latitude, S is the surface tilt angle from the horizontal, Z; is the
surface azimuth angle. The hour angle and declination angle are given in Equation 5-27
and Equation 5-28 respectively (AHSRAE HOF, 2017).

h = 15°x (LST — 12) Equation 5-27
yi4 284 +n
= —— i S— Equation 5-28
8 =123.457g5sin [2”< 36.25 )] q

where, LST is the corrected local solar time and n is the day number. The refraction angle

of the solar beam is calculated according to Equation 5-29 (Rivera-Ortega et al., 2019).
n,sinf; = n, sin 0O, Equation 5-29

where, n; and n, are the refractive index of air and glass respectively. For the flow in the
refrigerant tube, A mass flux of 9.28 kg/m?-s is specified at the inlet. A periodic boundary
condition is specified at inlet and outlet of the air domain based on the assumption of a
fully developed airflow. The other parameters are similar as specified in Section 5.2.1.
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5.3.1  Preliminary Results

The results from the preliminary analysis is presented in this section. The heat transfer and
flow structure in the refrigerant tube and air cavity is presented and the impacts on the
overall heat transfer performance of the BIPV/T collector is highlighted. The outdoor
climate for the preliminary analysis is specified as: Solar Radiation of 441 W/m?, outdoor
temperature of 14.4°C, and wind speed of 3.9 m/s. The saturation temperature is equivalent

to the outdoor air temperature.

5.3.1.1 Flow visualization of the saturated flow boiling

Figure 5-18 shows the mass fraction of vapor along the refrigerant tube length.

I____'I____

Applied Heat Flux

q imlss

0.00m 0.25m 0.50m 0.75m 1.00m

Mass Fraction of Vapor
0.33 0.46 0.60 0.73 0.87 1.0

Figure 5-18: Variation of the mass fraction along the tube length

The vapor fraction increases along the tube length due to the excess heat extracted from
the PV panel and the airflow in the cavity. The mean vapor mass fraction or quality
increases from 0.33 at the inlet to 0.67 at the outlet. The asymmetric heating associated
with BIPV/T fagade concept can also be seen. Using the mass fraction at x — 1.00 m as case

study. The mass fraction varies from 0.61 at the bottom of the tube adjacent to the airflow
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stream to 1.00 at the top of the tube adjacent to the PV module. The asymmetric heating
complicates the heat transfer coefficient evolution in the tube. It can be expected that the

heat transfer coefficient will vary significantly along the tube length.
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Figure 5-19: Variation of the local heat transfer coefficient along the tube length at

different locations on the circumference

Figure 5-19 shows the axial variation of the heat transfer coefficient at different points on
the tube cross-section. The local heat transfer coefficient is given in Equation 5-30
(Siemens, 2018)

_ pf(yc)cp,f(yc)u*
T Tyt ()

Equation 5-30

where, pf is the fluid density, C, ¢ is the fluid specific heat capacity, u* is the reference
velocity, T+ is the dimensionless temperature, and y* is the dimensionless wall distance
respectively. The local heat transfer formulation implies that the higher the vapour mass
fraction in the region closer to the wall, the lower the heat transfer coefficient. This is
reflected in the Figure 5-19, the top of the tube adjacent the PV module has a higher
enthalpy as seen in Figure 5-18, hence the local heat transfer coefficient is consistently
lower over the tube length. Similarly, the vapor mass fraction is lower at the bottom of the
tube compared and hence the heat transfer fraction is the highest for all the probed location.
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The average heat transfer coefficient for point 1, point 2, point 3, point 4, and point 5 are
10.3 kW/m?K, 11.8 kW/m?-K, 12.9 kW/m?-K, 13.2 kW/m>K, and 13.4 kW/m?-K
respectively. This is a 30.5% increase in the average heat transfer coefficient for the
locations considered from point 1 to 5. The local heat transfer coefficient also increase by
113.7%. Figure 5-19 also shows that the heat transfer coefficient in the two-phase flow

follows the nucleate boiling heat transfer regime as expected (See Figure 5-3).

5.3.1.2 Airflow visualization

The near wall flow structure has been comprehensively discussed in Chapter 4. However,
for completeness a brief discussion is presented heat to highlight the advantage of the
BIPV/T facade cooled with air and refrigerant over the air cooled BIPV/T facade. Figure
5-20a shows the velocity contour of the airflow in the air channel. Typical of airflow in
roughened channels is the formation of vortices in the immediate downstream and
upstream of the roughness elements (i.e., tube element). Also, since the strength of the
vortices is maintained by the momentum exchange with the mean flow, the bulk mean flow
in the channel is distorted as seen in Figure 5-20. A consequence of the near-wall vortex
flows is the development is hot spots especially in air cooled BIPV/T roughened channels.
The temperature contour in Figure 5-20b shows that this hot spot problem characteristic of
roughened channel flow (See Figure 3-11) has been alleviated by introducing a secondary
fluid (i.e., refrigerant) in the roughness elements. The ensures that the surface temperature

of the PV module is more stable.
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(a) Velocity Contour

C )

Velocity[j] (m/s)

-3.0 -2.3 -1.5 0.78 -0.040 0.70

(b) Temperature Contour

Temperature (C)
130 159 17.9 190.9 219 2390

Figure 5-20: Cross section of the (a) velocity contour and (b) temperature contour for the

BIPV/T facade evaporator

5.4 Conclusion

In this chapter, a BIPV/T facade concept coupled with heat pump technology was
proposed. By coupling with heat pump the low-grade thermal energy extracted for the
waste of the PV cells can be upgraded for domestic use. The useful heat extracted by the
BIPV/T facade evaporator concept is enhanced by airflow in the cavity behind the

cladding. The airflow is controlled to ensure that the inlet air in the cavity is always at least
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within building comfort conditions. In the BIPV/T facade coupled with heat pump, the PV
surface temperature is thermally regulated by both airflow and refrigerant flow. A fully
coupled CFD approach was proposed to quantify the heat extracted from the PV module
as well as to accurately capture the heat exchange between the airflow stream and the
refrigerant flow stream. The main objective of this chapter was to validate the CFD model
of the BIPV/T facade concept. Due to limited availability of experimental data to validate
the CFD model, a decoupled approach is used. In the decoupled approach, the air flow and
refrigerant flow are validated separately with experiment available in literature. The
premise for adoption of the decoupled validation approach was the proposed BIPV/T
facade concept superimposes the functionalities of the solar air heater and the PV/T
evaporator. The refrigerant side is validated to within 5.5% of the experimental data with
the highest errors associated with predicting the pressure drop along the refrigerant tube.
The airside is validated within 6.16% of the experimental data. The air-side and refrigerant
side were then coupled, and the flow visualization is discussed. It was seen that the heat
transfer coefficient along the refrigerant tube is consistent with the nucleate boiling heat
transfer regime. Also, the effect of the asymmetrical heating of the refrigerant is manifest
in a variation of the local heat transfer coefficient by up to 113.7%. Further, the coupled
airflow and refrigerant flow ensures that the hot spot problem associated with the BIPV/T

air systems roughened with transverse ribs is eliminated.
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Chapter 6

6 BIPV/T facade concept with coupled air and refrigerant
heat extraction system — Parametric analysis on the
impact of the geometry and flow variables on the overall
thermal efficiency

In chapter 5, a BIPV/T fagade with coupled air and refrigerant heat extraction system was
proposed and the principle of operation was outlined. The BIPV/T facade concept was
proposed as the evaporator for a heat pump cycle (See Figure 5-1), where the extracted
heat is used for domestic heating purposes. Coupling BIPV/T systems and heat pumps
could present interesting possibilities (Anderson et al. 2009). Using heat pump, lower grade
heat energy can be upgraded to an appropriate temperature for heating purposes (Xu et al.,
2009). The co-generation of electricity and hot water using BIPV/T and heat pump
coupling have the best cost performance (Ji et al., 2009; Delisle & Kummert, 2016).

The review of literature has demonstrated the effectiveness of the photovoltaic integrated
solar assisted heat pump (PV-SAHP) system. The main advantage of the direct PV
evaporator is the high temperature evaporation that improves the coefficient of
performance (Ji et al., 2008). Note that the coefficient of performance is the ratio of the
condenser output to the compressor input. The annual performance of a PV-SAHP system
was compared with a direct-exchange solar assisted heat pump (DX-SAHP) system (Chow
etal., 2010). The PV-SAHP achieved higher coefficient of performance (COP) values than
the DX-SAHP. Also, the cooling of the PV by the refrigerant in the heat pump loop ensured
that 6% of the PV electrical efficiency was recovered. It was also shown that the electrical
energy generated was sufficient to meet the compressor needs, hence, the PV-SAHP
system could function off grid. The self-sufficiency of the PV-SAHP was also
demonstrated in Kielang et al. (2009).

COP values of up to 8.4 was achieved for a PV-SAHP system (Ji et al., 2008a). By varying
the condenser inlet temperature, a COP of up to 11.4 was achieved for the PV-SAHP (Ji et
al., 2008b). The sensitivity of the COP of the PV-SAHP system to the evaporation
temperature was also demonstrated in Daghigh et al. (2011). The effect of glazing cover
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on the PV evaporator of a PV-SAHP was investigated in Pei et al. (2008). The evaporation
pressure and temperature were higher with the glazing cover since more heat is conserved.
Consequently, the compressor power input was reduced by 23%. By the modifying the tube
cross-section, the COP of the PV-SAHP and the collector thermal efficiency were
improved by 7% and 6% respectively (Xu et al., 2009). Zhao et al. (2011) also reported
improved thermal efficiencies for a roof integrated PV evaporator compared to

conventional PV/T modules.

While the effectiveness of the PVV-SAHP has been demonstrated in literature, most of the
research implemented the PV-SAHP in a PV/T stand-alone collector concept. As such,
research on the BIPV/T-SAHP concept is scarce. Also, the published literature was mostly
focused on whole system performance. However, the performance of the BIPV/T-SAHP
system is hinged mainly on the heat removal effectiveness of the BIPV/T facade
evaporator. In this study, a parametric analysis is conducted to numerically investigate the
impact of certain geometry and flow parameters on the thermos-hydraulic efficiency of the
BIPV/T facade evaporator concept. The numerical simulation is conducted using
computational fluid dynamics (CFD) that has been validated in Chapter 5.The parameters
considered in this study are the tube shape, relative tube pitch, relative tube height,
saturation temperature, and flow ratio. Each parameter will be studied under the two
operational conditions identified earlier for peak solar conditions (i.e., solar radiation of
800 W/m?, outdoor temperature of 20°C and wind speed of 1 m/s) and off-peak solar

conditions (i.e., outdoor temperature of 5°C and wind speed of 1 m/s).

6.1 Computational evaluation of the BIPV/T facade with air and
refrigerant heat extraction system

The BIPV/T fagade features two fluid streams for heat extraction. Two-phase flow boiling

occurs in the refrigerant stream due to the available excess heat from the PV module and

the heat exchange with the roughened air channel. The problem is solved using steady

RANS and the energy equations. The two-phase flow boiling is modeled using a

multiphase mixture Eulerian approach - the Two-phase thermodynamic equilibrium model.

The radiation exchange in the air channel is modeled using the Discrete Ordinate method
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(DOM). Turbulence is modeled using the shear stress transport (SST) k-omega turbulence

model.

6.2 Numerical Simulation Setup

The details of the numerical setup for the parametric analysis is detailed in the following

section.

6.2.1  Computational Domain

Specified mass flow
N/E - Darived from Rgg,

Figure 6-1 — Typical representation of the BIPV/T facade evaporator concept

Figure 6-1 shows the typical computational domain adopted for the numerical simulation.
The computational domain consists of the 0.5 mm thick PV cells, the 1.5 mm thick absorber
plate and the 6 mm diameter tube segments appended behind the absorber plate as shown
in Figure 6-1. The fluid segments represent the serpentine tubing for thermal regulation of
the PV cells. An internal interface is created between the inlet and outlet of consecutive
fluid segments to ensure flow continuity. The A contact resistance of 0.042 m?-K/W is

applied at the interface between the PV module and the thermal collector. The thermal
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absorber is modelled as an aluminum plate. The thermal and optical properties of the solar

cells are derived from Ji et al., (2009).

For additional thermal regulation of the PV cells and enhancement of thermal energy
extraction, an airflow path is instituted beneath the collector plate. The width of the air
channel is 1.01m and the depth of the air channel (i.e., H) is varied based on the simulation
case. The air channel consists of the 780 mm heated section. Insulation of 0.03 m is
provided at the bottom of the air channel in the heated section. The material properties of

inner wall layers are shown in Table 6-1.

Table 6-1: Material properties of the components of the BIPV/T wall assembly?

Material p A Cp
Aluminum 2702 237 903
Batt Insulation 12 0.043 800
AirP - - -

amaterial properties adopted from ASHRAE Handbook of fundamentals, 2017
btemerature dependent air properties

Key geometric and flow parameters identified in Figure 6-1 were varied in the sensitivity
study. The variables considered in this chapter are tube shape, relative tube pitch (p/e),
relative tube height (e/D), and flow ratio (Reret/Reair). The variables considered are
summarized in Table 6-2. The impact of the variables listed in Table 6-2 on the wall heat
flux will be investigated for peak solar (i.e., solar radiation of 800 W/m?, outdoor
temperature of 20°C and wind speed of 1 m/s) and off-peak solar conditions (i.e., outdoor

temperature of 5°C and wind speed of 1 m/s).
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Table 6-2 - Variables considered in the numerical study

Parameter Symbol Iterations
Geometry Circle, square, triangle
Relative tube pitch p/e 2.5-20
Relative tube height e/D 0.01-0.20

Flow ratio Reret/Reqir 0.13-75.6

6.2.2 Boundary Conditions

The detailed specifications of the indoor and outdoor heat flux boundary conditions are
given in Section 5.3. However, the outdoor boundary condition is simplified by assuming
that the solar incidence angle is perpendicular to the surface of the PV module. The
boundary conditions for the refrigerant side and air side are consistent with Section 5.3. the
inlet air temperature is specified as 20°C for the periodic boundary condition in the air

channel.

6.2.3 Mesh Generation

The computational domain is discretized using extruded 2D quadrilateral mesh. The mesh
size was chosen to ensure a minimum of four (4) elements in the direction of heat flow for
the solid components. In the air domain, the mesh is refined in upstream and downstream
of the tube elements to capture the vortex flow structures associated with flow separation
and reattachment. Taking this into account the mesh size varied from 0.3 mm for the
absorber plate to 5 mm for the insulation material. A smooth transition from the relatively
fine mesh to the coarse mesh was ensured by specifying a mesh growth rate of 1.1. To
capture the near wall temperature gradient, four prism layers have been employed such that
the y* < 1. The 2D quadrilateral is extruded to form 12 equidistant volumetric meshes
perpendicular to the airflow direction. The meshing scheme yielded 1,496,372 grid cells
(Figure 6-2).
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Figure 6-2 - Typical mesh cross-section

Grid independency study is carried out with a coarser and finer mesh of 308,942 and
2,446,316 cells respectively. The mesh independency study is conducted by assuming a
PV surface temperature of 35°C and an inflow condition of Re — 5,000. The heat gain and
the combined pressure loss in the refrigerant tube and air channel is calculated to assess
mesh sensitivity. As seen in Table 6-3, further refinement beyond 308,942 yielded
negligible improvement in the numerical accuracy of the CFD model. Hence, the mesh

with 308,942 cells is sufficiently accurate to simulate the flow characteristics.

Table 6-3: Summary of mesh independency study

Heat % Pressure drop, Ap
Grid count  Gain ° Air- % Refrigerant- %
Increase . . .
(kw) side Increase side increase
Coarse 308,942 0.721 7.14 4,358
Normal 1,496,372 0.721 0.0341% 7.14 0.0003% 4,354 -0.090%
Fine 2,446,316 0.721 0.0086% 7.14 -0.0001% 4,343 -0.260%

6.2.4 Performance Indicators

The variables are assessed based on the thermal efficiency, electrical efficiency and overall
thermal efficiency for the peak solar condition and the modified thermal efficiency for the

off-peak solar condition. The thermal efficiency is given in Equation 6-1 (Layek, 2010).

Pm,ref
(Qu_ C, )/ Equation 6-1
GA,

Nen =
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where, G is solar radiation, A, is collector area, Py, .. ¢ is the compressor mechanical power,

C; is the conversion factor from mechanical power to thermal, and Q,, is the useful heat

gain given in Equation 6-2.

Qu = mref(hout — hy,) Equation 6-2

where, m,..fis the refrigerant flow rate from Reynolds number (Re = mD/uA)’ h;y, is the
inlet enthalpy and, h,,; is the outlet enthalpy. The mechanical power is given in Equation

6-3 (Layek, 2010).

mrefAPref
Pm,ref = T

where, AP is the pressure loss and p is the outlet fluid density. The electrical efficiency is
given in Equation 6-4 (Lai & Hokoi, 2015).

Equation 6-3

Nelt = nref[l - ﬂref(Tc - Tref)] Equation 6-4
where, n,.¢is the electrical efficiency at reference temperature (Ti..r), Breris the

temperature coefficient and, T, is the cell temperature. The overall thermal efficiency is

given in Equation 6-5, where 0.38 is the thermal power plant efficiency (Ji et al., 2009).

Nel
0.38

Noth = Men + Equation 6-5

The modified thermal efficiency for the evaluation of the variables in Table 6-2 during off-

peak solar conditions is given in Equation 6-6.

Pm,tot
(Qu - Cl

Men = /mair (Tair, out — Tair, in)

where, T, is air mass flow rate, T,;, i, is the inlet air temperature at 20°C, Tg;y, oy¢ 1S the

Equation 6-6

outlet air temperature. The total mechanical power, P, ¢, is sum of the power required to
drive the airflow and the refrigerant (i.e., Pp, tor = Pm, air + Pm, ref)- Pm,air 1S the fan

mechanical power given in Equation 6-7 (Layek, 2010).
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My AP 4
P air = — Equation 6-7
Pair
where, AP is the air pressure loss and p is the outlet air density. The friction factor is given

in Equation 6-8.

_ APairDh

f - 1/2 pum2

Equation 6-8

where, Dy, is the hydraulic diameter, u,, is the fluid velocity. The sensible heat fraction

(S.H.F) is given in Equation 6-9.

_ Qu,off—peak H
S.HF= /GA Equation 6-9

c

were, G is 800 W/m?2. The sensible heat fraction is the ratio of the off-peak useful heat gain
to the peak solar available. The S.H.F gives an indication of the practicality of running the

heat pump under off-peak solar conditions.

6.3 Results and Discussion

The results from the parametric analysis are presented in this section.

6.3.1  Effect of relative flow ratio, Reret/Reair

The relative flow ratio was varied from 0.1 — 1.2. The air flow Reynolds number (Reair)
was fixed at 5,000 for the simulated cases. To maintain the similarity between the
scenarios, the dimensionless pitch ratio (p/e) and tube height (e/D) were 5.0 and 0.10
respectively. The saturation temperature is 20°C. Figure 6-3a shows the effect of varying
the flow ratio on the thermal efficiency for the peak case study. The thermal efficiency for
the flow ratios of 0.17, 0.29, 0.40, 0.58, 0.86, and 1.15 are 29.7%, 36.5%, 39.5%, 39.5%,
39.3%, and 39.2% respectively. This means that the thermal efficiency is maximized for
Reref/Reair > 0.4. Figure 6-3b also shows that the maximum electrical efficiency is electrical
efficiency is 14.9% and occurs for Reret/Reair > 0.4.
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Figure 6-3 - The effect of varying the flow ratio on the (a) thermal, and (b) electrical

efficiency for the peak-solar case study

The contour plots of the surface temperatures for the range of flow ratios considered in
Figure 6-4 reveals that for Reret/Reair > 0.4, the surface temperature is more uniform and
constant at 305.2 K. Higher surface temperatures occur for flow ratios less than 0.4. For
instance, the surface temperature varies by 8.07°C and 6.17°C for flow ratios of 0.17 and
0.29 respectively. As such, surface temperatures of up to 313.27 K and 311.37 K occur for
flow ratios of 0.17 and 0.29 respectively. This may suggest that the refrigerant may be fully
evaporated for Reret/Reair < 0.4 and the heat transfer for a large section of the tube length

occurs in the sensible heat region.
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This is confirmed in Figure 6-5, the refrigerant is completely evaporated at s/L values of
0.31, 0.63, and 1.00 for flow ratios of 0.17, 0.28, and 0.40 respectively. For Reret/Reair >

0.4, the heat transfer occurs within the latent heat region for the full tube length. Since

latent heat transfer is more desirable in this collector configuration, the thermal efficiency

is maximized for Reret/Reair > 0.40. Consequently, the overall efficiency is maximized for

REref/REair Z 040
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Figure 6-5 - The effect of varying the relative flow ratio (F.R.) on the point of complete

evaporation

For the off-peak case study, the flow ratio is varied from 0.5 — 75.6. The air flow Reynolds
number (Reair) was fixed at 20,000 for the simulated cases. The saturation temperature is
5°C. Figure 6-6a shows the effect of varying the flow ratio on the thermal efficiency and
the sensible heat fraction. The thermal efficiency for the off-peak case study is maximized
for Reret/Reair = 1.0. This corresponds to a thermal efficiency of 77.8% as seen in Figure
6-6a. Figure 6-6b shows that for Rere/Reair > 1, the system pressure loss significantly
increases which results in a decrease in the thermal efficiency. In fact, the thermal
efficiency is only 11.5% for the flow ratio of 11.34. for Reret/Reair > 11.34, the system
cannot recover heat from the air flow as evidenced by the negative thermal efficiency (see
Figure 6-6a). The sensible heat fraction shown in Figure 6-6a indicates that the recovered
heat at the optimal flow ratio is equivalent to 42.3% of the heat available during peak
outdoor conditions (i.e., Solar radiation of 800 W/m? and outdoor air temperature of 20°C)

considered in this study.
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Figure 6-6 - Effect of varying the flow ratio on the (a) thermal efficiency and (b) friction

factor for the off-peak case study

6.3.2  Effect of relative tube height, e/D

The dimensionless tube height (e/D) was varied from 0.01 to 0.20 to assess its effects on
the electrical and thermal efficiency for the peak solar case study. The other parameters are
p/e = 5.0, flow ratio of 1.0 (Reref = 20,000), and saturation temperature of 20°C. Figure
6-7a shows the effect of changing the relative roughness height on the thermal efficiency.
Figure 6-7a shows that the thermal efficiency is independent of the dimensionless tube
height for e/D < 0.10. The thermal efficiency for e/D values of 0.01, 0.03, 0.05, 0.07, and
0.10 are 46.6%, 46.5%, 46.4%, 46.0%, and 44.5% respectively. For ¢/D > 0.10, the
pumping power increases significantly as reflected in the reduction of the thermal
efficiency. The thermal efficiency is 7.8% for e/D value of 0.20. Figure 6-7b shows the
effect of varying the dimensionless tube height on the electrical efficiency. The electrical
efficiency for /D values of 0.01, 0.03, 0.05, 0.07, 0.10, and 0.20 is 14.9% as seen in Figure
6-7b. The electrical efficiency is insensitive to changing the dimensionless tube height
(e/D). As such, the overall efficiency evolution with e/D follows the same trend as the
thermal efficiency. The overall efficiency varies from 83.5% to 85.5% as the dimensionless
tube height is reduced from 0.10 to 0.03. As seen in Figure 6-7a, the overall efficiency is
46.7% for /D = 0.20. The overall efficiency is optimized for e/D = 0.10 during the peak

solar case study.
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Figure 6-7 - The effect of varying the dimensionless tube height (e/D) on the (a) thermal

efficiency and (b) electrical efficiency

For the off-peak case study, the geometry and flow constraints were similar as in the peak
solar case study except for the saturation temperature that is 5°C. Figure 6-8a shows the
effect of varying the dimensionless tube height on the thermal efficiency and the sensible
heat fraction for the off-peak case study. The thermal efficiency increases from 51.8% for
e/D = 0.03 to a maximum of 83.7% for /D = 0.10 and decreases to 66.9% for /D = 0.20.
The transverse tube act as turbulators that enhance the heat transfer between the airflow
and refrigerant flow. As such, the thermal efficiency initially increases with increase in the
dimensionless tube height for /D < 0.10. The pressure loss associated with the blockage
of the flow passage becomes significant for e/D > 0.10. This is seen in the growth of the
friction factor from 0.31 for e/D = 0.10 to 3.23 for /D = 0.20 (Figure 6-8b). This leads to
a decrease in the thermal efficiency for e/D > 0.10. The sensible heat fraction shown in
Figure 6-8a indicates that the recovered heat at the optimal dimensionless tube height is
equivalent to 57.0% of the heat available during peak outdoor conditions considered in this

study.
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Figure 6-8 - Effect of varying the dimensionless tube height (e/D) on the (a) thermal

efficiency and (b) friction factor for the off-peak case study

6.3.3  Effect of relative tube pitch, p/e

The relative roughness pitch was varied from 2.5 to 20 to assess its effects on the electrical
and thermal efficiency for the peak solar case study. The other parameters are e/D = 0.10,
flow ratio of 1.0 (Rerer = 20,000), and saturation temperature of 20°C. The tube spacing is
important to ensure a more uniform surface temperature on the collector. However, if the
tubing is spaced too close, the collector may become too cold which may be detrimental
for the system thermal efficiency. Figure 6-9a shows the effect of changing the
dimensionless tube pitch (p/e) on the thermal efficiency. The thermal efficiency for p/e
values of 2.5, 5.0, 7.5, 10.0, 12.5, 15.0, and 20.0 are 45.7%, 44.9%, 44.4%, 44.2%, 44.1%,
44.0%, and 43.8% respectively. The thermal efficiencies are similar for the range of
dimensionless pitch (p/e) values considered in the study. Hence, the thermal efficiency is
independent of p/e. Also, Figure 6-9b shows that the electrical efficiency is independent of
p/e. The electrical efficiency varies between 14.8% to 14.7% as p/e is increased from 2.5
to 20. This implies that the surface temperature is uniform for all the p/e values considered.
The uniform surface temperature for the higher p/e values is facilitated by the airflow in
the channel. Consequently, the overall efficiency is similar for the range p/e values

considered (Figure 6-9a).
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Figure 6-9 - The effect of varying the dimensionless tube pitch (p/e) on the (a) thermal

efficiency and (b) electrical efficiency

For the off-peak case study, relative roughness pitch was varied from 2.5 to 20. Similar
geometric and flow constraints as in the peak solar case study were imposed except the
saturation temperature that is 5°C. Figure 6-10a shows the effect of varying the
dimensionless tube pitch on the thermal efficiency and the sensible heat fraction for the
off-peak case study. The thermal efficiency for p/e values of 2.5, 5.0, 7.5, 10.0, 12.5, 15.0,
and 20.0 are 85.0%, 85.7%, 83.5%, 82.4%, 81.7%, 80.8%, and 78.6% respectively. The
thermal efficiency is maximized for p/e < 5.0. The pressure loss associated with the flow
blockage is maximized for p/e = 7.5 as seen in Figure 6-10b. The transverse tube elements
in the flow path incite flow recirculation in the immediate upstream and downstream of the
tube elements. The near-wall recirculation flow pattern is dependent on the dimensionless
pitch ratio (p/e). The recirculation flow is sustained by momentum exchange with the mean
flow. This induces disturbances in the mean flow that is maximized at p/e = 7.5. The
sensible heat fraction shown in Figure 6-10a indicates that the recovered heat at the optimal
dimensionless tube pitch (i.e., p/e = 5.0) is equivalent to 50.0% of the heat available during

peak outdoor conditions considered in this study.
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Figure 6-10 - Effect of varying the dimensionless tube pitch (p/e) on the (a) thermal

efficiency and (b) friction factor for the off-peak case study

6.3.4  Effect of tube shape

The cross-sectional tube shape was varied as shown in Figure 6-11. A circular, rectangular,
and triangular tube shape were considered as they indicate the most common variations in

literature.

6.0 mm | 4.7 mm 9.4 mm

6.0 mm 6.0 mm 6.0 mm

Figure 6-11 - Cross-section of the tube shapes considered for the peak and off-peak case

study

Similarity between the tube shape alternatives was ensured by setting the other geometric
and flow parameters as: p/e = 21.7, e/D = 0.1, flow ratio of 1.0 (Rerer = 20,000), and
saturation temperature of 20°C. The cross-sectional area for the respective tube shapes
were identical to ensure similar volume flow rates. Figure 6-12 shows the impact of the
tube shape on the thermal efficiency and electrical efficiency for the peak solar case study.

The cross-sectional shape has negligible impact on the electrical and thermal efficiency.
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The similarity between all the cross-sectional shapes is attributed to the air flow in the
channel which is in thermal equilibrium with the refrigerant in the tubes.
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Figure 6-12 - The effect of varying the cross-sectional tube shape on the (a) thermal

efficiency, and (b) electrical efficiency

For the off-peak case study, similar geometric and flow constraints as in the peak solar case
study were imposed except the saturation temperature that is 5°C. Figure 6-13a shows the
effect of varying the tube cross-section on the thermal efficiency and the sensible heat
fraction for the off-peak case study. The thermal efficiency for the circle, rectangle and
triangle cross-section are 77.8%, 83.8% and 76.9% respectively. The thermal efficiency is
maximized for the rectangular cross-section. The sensible heat fraction for the circle,
rectangle and triangle cross-section are 34.8%, 43.1% and 38.3% respectively. Figure
6-13b shows that the pressure loss associated with the rectangular cross-section is more
significant than the circular and triangular cross-section. The better thermal performance
associated with the rectangular cross-section is attributed to the reduced surface are for
heat loss to the colder outdoor air. In Figure 6-11, for a unit depth, the exposed are for heat
loss is 6.0 mm?, 4.7 mm? and 9.4 mm? for the circular, rectangular and triangular cross-

section.
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Figure 6-13 - Effect of varying the dimensionless tube pitch (p/e) on the (a) thermal

efficiency and (b) friction factor for the off-peak case study

6.4 Conclusion

A building integrated photovoltaic solar assisted heat pump (BIPV-SAHP) concept was
presented. The performance of the BIPV-SAHP concept was enhanced by incorporating a
ventilation scheme that utilized the building exhaust air to drive the heat pump especially
for relatively low outdoor air conditions (i.e., outdoor temperatures < 20°C). In effect, the
BIPV served multiple functions including, alternative cladding system, on-site electrical
energy generation, PV evaporator, and air source heat pump when the solar radiation may
be low to drive the heat pump. The multifunctionality is anticipated to improve the cost
effectiveness of the PV integration with buildings. Knowing that the performance of the
BIPV-SAHP is based on the integration efficiency of the BIPV wall assembly, a numerical
model of the BIPV wall assembly was developed in CFD.

The CFD model was validated with published experimental data in literature. A decoupled
approach was taken that involved validating the airflow and refrigerant flow separately.
The decoupled air-side and refrigerant side were coupled in the CFD environment, and a
parametric analysis is conducted to investigate the effects of key geometric and flow
parameters on the overall efficiency of the BIPV evaporator design. The variables
considered were the relative flow ratio (Rere/Reair), dimensionless tube height (e/D),

dimensionless tube spacing (p/e), and tube cross-sectional shape. The variables are
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evaluated for the peak solar condition (i.e., Solar radiation of 800 W/m? and outdoor air
temperature of 20°C) and an off-peak outdoor condition (i.e., outdoor air temperature of
5°C). For the peak solar condition, the overall efficiency is maximized for Reret/Reair > 0.40
and e/D < 0.10 for all values of p/e and tube shapes (i.e., circle, square, and triangle). For
the off-peak case study, the overall efficiency is maximized for Reret/Reair = 1.0, /D = 0.10,

p/e = 5.0, and a square tube cross-section.
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Chapter 7

7  Energy Performance of BIPV/T Fagade system Coupled
with Heat Pump Technology for Domestic Hot Water

In chapter 6, a sensitivity study on the impact of key geometric and flow parameters on the
thermal performance of the BIPV/T facade system with air and refrigerant heat extraction
was assessed. This was done to maximize the heat extraction from the airflow enhanced
BIPV/T facade evaporator concept. In this chapter the optimized BIPV/T fagade coupled
with heat pump technology is utilized for domestic hot water heating and the potential
energy savings is quantified. The potential of the photovoltaic assisted heat pump (PV-HP)
system has been demonstrated in literature. The main advantage of the PV evaporator is
the high temperature evaporation. This means that the PV evaporator is more thermally
efficient than conventional PV/T modules (Zhao et al., 2011). Consequently, the
compressor input is reduced. Pei et al., (2008) showed that the compressor power input is
reduced by 23% for PV/T evaporator with glazing. The reduced compressor electrical input
improves the potential of the PV/T evaporator as a self-sufficient system in that the
electrical energy generated was sufficient to meet the compressor needs (Chow et al., 2010
and Kielang et al., 2009). The reduced compressor input reflects in an increase in the
coefficient of performance (COP). Ji et al., (2008) and Zhao et al. (2011) demonstrated that
it is possible to achieve COP values of 8.0 or higher with a PV/T assisted heat pump.
Further increase in the COP was facilitated by modifying the refrigerant tube shape of the
PV/T evaporator for a more efficient heat transfer. This improved the COP by 7%

compared to the conventional sheet and tube PV/T evaporator concept (Xu et al., 2009).

Another benefit of the high temperature evaporation is the increase in the overall thermal
energy yield. Chow et al. (2010) demonstrated that the annual heat gain of the PV-HP is
25% higher than the DX-SAHP. The heat extracted from the PV/T evaporator enhances
the electrical efficiency of the PV cells by about 6% compared with a stand-alone PV
system. while the high temperature evaporation of the PV-HP is beneficial, some authors
have demonstrated the efficacy of the PV/T solar assisted heat pump system (PV/T-SAHP).
Manzolini et al. (2016) showed that the produced was sufficient to supply about 50% of
the heat load. Similarly, Bai et al. (2012) demonstrated that the indirect water-based PV/T
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solar-assisted heat pump system installed in a sports facility in Hong Kong was sufficient

to offset 65% and 90% of the hot water load during winter and summer respectively.

While the effectiveness of the PV assisted heat pump has been demonstrated in literature,
most of the research implemented the PV-HP in a PV/T stand-alone collector concept. As
such, research on the BIPV/T assisted heat pump concept is limited. In this study, the
energy associated with BIPV/T facade coupled with heat pump for DHW is investigated
with emphasis on the impact of orientation and climate. The methodology employed for
the energy analysis is discussed in the next section.

7.1 Methodology

The annual water heating energy savings associated with incorporating the BIPV/T facade
coupled with heat pump technology was assessed by implementing the methodology
illustrated in Figure 7-1. The simulation methodology involved four (4) distinct phases:
weather analysis, detailed CFD simulation, regression analysis and Building energy
simulation (BES).

Heat Gain, Q¢ —
Electrical Eff., n,

Weather Regression
- ’ CFD - ; s BES
Analysis Analysis
Evaluation Criteria: Annual Energy Analysis
= [(Topt, G, V;
Totair = [ (Toxts G, Vio,¥) Ext. Temp., T Qnet = [ (Texts G, V10, 7)
Solar Rad., G Nov = [ (Texts G, V10, V)

Tsol—air = f(Texb G! VlOvY) Wind Speed AV
> Y10
Toot—air = f (Text» G, Vio, V) Cloud cover, y

Figure 7-1 - lllustration of simulation methodology

The objective of the weather analysis is to determine representative days for each month
of the year. The representative days are characteristic of maximum, minimum and average
solar availability for each month of the year. The measure of solar radiation availability is
evaluated using the hourly Sol-air temperature especially for periods with global solar
radiation higher than 150 W/m? (i.e., the threshold for operation of the BIPV/T system).
The result of the weather analysis is 36 representative days for the 12 months of the year

(i.e., 3 days for each month). The outdoor conditions determined from the weather analysis
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served as boundary conditions for the detailed CFD simulation from which the useful heat
gain and the electrical efficiency are determined. The multi-variable polynomial regression
analysis carried out to correlate the heat gain and electrical efficiency with the outdoor
conditions. Once the accuracy of the correlation has been verified, the correlation is
implemented in the BES platform to dynamically predict the additional thermal and
electrical energy afforded by implementing the BIPV/T facade coupled with heat pump
technology for domestic hot water and the associated energy savings. The details of the
weather analysis, detailed CFD simulation, regression analysis, and Building energy
simulation are outlined in Section 7.2, Section 7.3, Section 7.4, and Section 7.5

respectively.

7.2 Weather Data Analysis

The weather data for Vancouver, BC has been analyzed as case study; however, it should
be noted that the correlations that will be determined in Section 7.4 may be applied
accurately to other climates within the constraints of the derived correlations. Please refer
to Section 7.4 for more detail. That said, the EnergyPlus weather file (i.e., .epw) for
Vancouver, BC was analyzed to determine the typical outdoor conditions for each month
in the year. The representative days in each month are determined by considering the Sol-

air temperature given in Equation 7-1.

+ (“'G - sty)

hcomb,ext

Tso1—qir =T, Equation 7-1

where, T, is the outdoor air temperature, G is the global solar radiation, « is the solar
radiation absorptivity (i.e., 7f8), Qs is the sky radiation given in Section 5.3 (note that the
surface temperature is replaced by the outdoor temperature), and hymp exe 1S the combined

heat transfer coefficient for radiation and convection given in Equation 7-2.

hcomb,ext = hconv,ext + hrad,ext Equation 7-2
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Where, hony exe 1S the exterior convective heat transfer coefficient given in Equation 7-3
(Nghana et al., 2020) and h,qq .. IS the radiation heat transfer coefficient given in

Equation 7-4 (Siemens, 2018).
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Figure 7-2 - TMY3 weather data in VVancouver, BC for the month of July

The monthly weather data analysis is illustrated for the month of July. Figure 7-2 shows
the outdoor temperature, Solar radiation, wind speed and cloud cover for the month July.
As seen in Figure 7-2, the outdoor conditions are elevated with peak outdoor air conditions
of up to 25°C on July 11", and peak solar radiation of up to 919 W/m? on July 3",
Characteristic of summer conditions is the low wind speeds and clear sky conditions as
evident in Figure 7-2. Given the relevant outdoor information, the hourly sol-air
temperature is computed for the hours during which the solar radiation is higher than 150
W/m? using Equation 7-1. The daily average Sol-air temperature is computed from the
hourly Sol-air temperature. Figure 7-3 shows the daily Sol-air temperature computed for
the month of July.

211



60

" Maximum Sol-air |
o0 & i Temperature F--_, @
i «” | July 23" !
S [ e ¢ Ceo o o
S 40 1 d . ”® ° .
5 B ”/ ° [ K J [ ]
© o0 - [ ]
by s ° i
830 + ° o L
% B ’/’ [ ] ?
— P
= - rm———- “Z---- 1
£20 1 ! Average Sol-air 1 L
3 ' ! oo TE o
2 C | Temperature : i Minimum Sol-air
10 4 U July21st | Temperature :
I I July 26t |
O i 1 1 1 1 : 1 1 1 1 : 1 1 1 1 : 1 1 1 1 : 1 1 1 1 : 1 1
07/01 07/06 07/11 07/16 07/21 07/26 07/31

Figure 7-3 - Daily Sol-air temperature computed for July with the three representative

days for maximum, minimum and average solar conditions highlighted

Figure 7-3 shows that the maximum, average and minimum Sol-air temperature are 51.5°C,
38.8°C, and 27.3°C and occur on July 23", July 21%, and July 26" respectively. Note that
the minimum sol-air temperature is for conditions when the global solar radiation is higher
than or equal to 150 W/m? to satisfy the minimum requirements for efficient operation of
Solar cells. The same procedure has been applied for all the months of the year and

summarized in Table 7-1.
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Table 7-1 - Representative days for Solar minimum, average and maximum based on

derived Sol-air temperature

Month Min. Avg. Max.

January 01/09 01/29 01/15
February 02/24 02/10 02/25

March 0305 0331 0326 | &FT
April 04/23  04/27 04/29 | §°€0
May 05/15  05/26  05/07 | &40
June 06/13  06/29  06/28 | &,
July 07/26  07/21  07/23 | %
August 08/18 0828 0809 | ¢ O
September | 09/24  09/15  09/13 | e .

October 10/22 10/23 10/04
November | 11/20 11/14 11/09
December | 12/06 12/10 12/07

7.3 Determination of the thermo-electric BIPV/T facade parameters

Upon determination of the representative days for each month of the year, the useful heat
gain and electrical efficiency associated with implementing the BIPV/T facade are
determined numerically using CFD. The CFD model and boundary conditions have been
validated extensively and reported in Chapter 5 and Chapter 6. However, the computation
domain is briefly described. Figure 7-4 shows the computational domain adopted for the
numerical simulation. The computational domain consists of the 0.5 mm thick PV cells
mounted on the 1.5 mm thick aluminum absorber plate with 6 mm diameter fluid segments
appended behind the absorber plate as. The fluid segments represent the serpentine tubing
to facilitate meshing efficiency. An internal interface is created between the inlet and outlet
of consecutive fluid segments to ensure flow continuity. The length of the air channel is
0.78 m, width of the air channel is 1.01m, and the depth of the air channel is 30 mm. The
inner insulated wall consists of the sheathing materials (i.e., plywood), insulation material
and interior board (i.e., gypsum). The material properties of the inner wall layers were
derived from ASHRAE HOF (2017).
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The BIPV/T facade system is decribed by the following geometrical parameters: the
roughness height, e, which is the diameter of the circular ribs; the roughness pitch, p, which
is the distance between successive ribs; and the channel height, H. The dimensionless
roughness height and pitch are then derived as e/D and p/e respectively. D is the hydraulic
diameter of the air channel. The dimensionless roughness height and pitch were specified
as 0.10 and 15 respectively to ensure optimal performance for peak solar conditions (See
Section 6.4). Similarly, the flow rate in the air cavity is derived for Re = 5000 as this
maximized the thermohydraulic performance for forced airflow (See Section 4.5). The
Refrigerant flow rate is then derived such that the flow ratio (i.e., Reret/Reair) is always
greater than or equal to 0.40. The tube shape did not significantly impact the performance

for the couple flow, so a circular fluid geometry is assumed (See See Section 6.4).

PV Cells

“
Pressure
Outlet

Exterior Sheathing

Interior Wallboard

Roughness
height, e/D — 0.1

Mazz flow
Inlet
N/B — Derived from Re,e;

Figure 7-4 - Numerical representation of the BIPV/T facade evaporator concept

Specified masz flow
N/B - Derived from Re— 3,000

7.3.1  Derived Quantities

Once the CFD simulation had been conducted based on the numerical simulation setup
specified in in Chapter 5 and Chapter 6, the performance of the BIPV/T fagade concept
was analyzed from a component scale (PV/T), system scale (PV/T-HP) and building

envelope scale (BIPV/T-HP). In the component scale, the primary concern is maximizing
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the useful heat gain and the electrical output. In the system scale, the other components of
the BIPV/T facade driven heat pump technology are considered like the compressor
electrical input, etc. In the system scale, the emphasis is on maximizing the heat added to
the water storage tank on the condenser side of the heat pump loop.

7.3.1.1 Component scale derived quantities
The BIPV/T facade is assessed based on the useful heat gain and the electrical efficiency.

the useful heat gain given in Equation 7-5.

Qy = My ef(hoy — hyy) Equation 7-5

where, m...fis the refrigerant flow rate from Reynolds number (Re = mD/yA)’ h;y, is the

inlet enthalpy and, h,,. is the outlet enthalpy. The thermal efficiency is then derived as
shown in Equation 7-6 (Layek, 2010).

(Q _ AP gy Mg _ APTefmref)

_ C1Pair C1Pref Equation 7-6

Nin = GAC

where, A, is collector area, 2FairMair/ and “FrerMres are the power
, ¢ ' Clpair Clpref

required to drive the airflow and the refrigerant flow respectively. C; is the conversion
factor from mechanical power to thermal. The electrical efficiency is given in Equation
6-4. Further, the heat transfer effectiveness and hydraulic performance of the air flow path
is quantified by the Nusselt number and friction factor respectively. The Nusselt number
is given in Equation 7-7 (Incorpera et al., 2007) and friction factor is given in Equation 7-8

(Incorpera et al., 2007).

Nu = hTD Equation 7-7
AP,;,.D

f= 1 2 Equation 7-8
/2 punm
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where, D is the hydraulic diameter, u,, is the fluid velocity, p is the fluid density, h is the
CFD derived convective heat transfer coefficient and k is the thermal conductivity. The

fluid properties of air are taken at the bulk fluid temperature (i.e., Ty + Tin/2).

7.3.1.2 System scale derived quantities

The system scale derived quantities required additional manipulation of the thermo-electric
and hydraulic parameters from the CFD model (i.e., Useful heat gain and electrical
efficiency). From the CFD derived output variables, the total heat gain and the total Net
heat gain are derived. The total heat gain is derived by considering the modular
construction in Figure 7-5. As seen in Figure 7-5, the wall assembly consists of n, layers
of one fluid element simulated such that the total modular height and width are 2.40 m and

1.00 m respectively.

S S e e e e Tt Tt —rTa|
n
S S e e e e Tt Tt —rTa|
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o
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Figure 7-5 - lllustration of BIPV/T wall module

The total heat gain is given in Equation 7-9

n
Qtotal = Z Q; Equation 7-9
im1

Where, Q; is the derived heat gain from the CFD model for a single fluid element.

Inherently, a linear relationship between the heat gain and collector area has been assumed.
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However, the pressure drop in the refrigerant tube is not linear; hence, incorporating a
similar approach as given in Equation 7-9 will lead to underestimation of the pressure drop
in the tube. The frictional pressure drop is estimated according to Equation 7-10 (Muller-
Steinhagen & Heck, 1986).

d
(—p) =x(1-x)3[4+2(B — A)] + Bi® Equation 7-10
dL/fp

where, x is the flow quality, dp is the pressure drop, and dL is the tube length. The other

variables in Equation 7-10 are given in Equation 7-11 - Equation 7-12,

(@) —p cquation 7-11
o = = uation /-
dL fil fl Zpld a

(dp) m g Equation 7-12
—_— = = uation /-
ar),, = T92p d q

where, m is the flow rate, d is the hydraulic diameter, p is the fluid density and f is the

friction factor given in Equation 7-13 and Equation 7-14 for liquid and gases respectively.

0.3164 .
i = Rt i=Lg Equation 7-13
And
md . .
Re; = 3 i=1Llg Equation 7-14
i

In Equation 7-14, ¥ is the dynamic viscosity of the fluid. The accuracy of Equation 7-10

has been verified in Figure 7-6.
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Figure 7-6 - Experimental validation of pressure drop correlation

Figure 7-6 shows that the pressure drop is accurately predicted when compared with
experimental data published in Ji et al., (2009). The maximum absolute error is 7.81% and
occurs at 8:00 am for the day in study. The RMSE and NRMSE for the prediction of the
pressure drop are 3919.1 Pa and 4.16% respectively. Note that the correlation predicts the
friction pressure drop only citing negligible impacts of the acceleration and static pressure
drop. The frictional pressure drop in the air channel is also estimated according to Equation
7-15

24P
~ LpU?

Equation 7-15

where, f is the friction factor, L is the channel length, AP is the pressure drop, U is the flow
velocity, D is the hydraulic diameter, and p is the density of the fluid. The friction factor
is estimated from Equation 7-16 and Equation 7-17 (See Chapter 4.4.2.4).

e 2
ftriangte = Re~02%9¢°3271(p) (—0. 001625 (g)
Equation 7-16
p
+0.034005 (E) +0. 623332)

[ semi—circte = 0.87523 firiangie — 0.0085587 Equation 7-17
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where, e/D is the dimensionless roughness height, and p/e is the dimensionless roughness
pitch. A contribution to the net heat gain of the BIPV facade coupled with heat pump is the
compressor input. The compressor input was derived by considering the first laws of
thermo dynamics and assuming an ideal heat pump cycle. Figure 7-7 illustrates the heat
pump cycle on a T-s (i.e., Temperature and entropy) diagram. In Figure 7-7, P1 and P are
the evaporation and condensing pressure respectively. This also sets the condensing and
evaporating temperature since phase change typically occurs over a constant temperature
and pressure.

T,°C

Critical

Vapour
region

Saturated
vapor line

2 Phase region

s, J/kg'K

Figure 7-7 - Heat pump cycle represented on a T-s diagram

As seen in Figure 7-7, the refrigerant is evaporated from (4) to (1), compressed from (1) to
(2) for a higher pressure, condensed from (2) to (3) for a saturated fluid and throttled from
(3) to (4) at constant enthalpy. The compressor input (i.e., process (1) to (2)) is given in
Equation 7-18.

Win,comp = mcomp(hz —hy) Equation 7-18

where, h; and h, are the outlet and inlet enthalpies of the compressor, 7114, is the flow
rate at the compressor inlet. The outlet enthalpy of the compressor is fixed by specifying a
condensing temperature of 60°C. ldeally, the compressor flow rate is the same as the
condenser and compressor flow rate especially at peak solar conditions when the

refrigerant is completely evaporated. However, at off-peak conditions, the refrigerant is not
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completely evaporated; hence, the refrigerant is passed through an accumulator to remove
the liquid phase in the two-phase mixture such that the refrigerant is fully evaporated at the
inlet of the compressor. The pressure is maintained within the accumulator. Figure 7-8
shows the accumulator with input and output states; (1) and (2) respectively.

from BIPV/T Evaporator to Compressor

5 N o

Accumulator

Figure 7-8 - lllustration of accumulator

By applying Bernoulli to the inlet and outlet states of the accumulator, the velocity at the
outlet (i.e., state (2)) is given in Equation 7-19.

p1V12 = szzZ Equation 7-19

where, p; and V; are the inlet density and velocity; and p, and V, are the outlet density and
velocity respectively. The compressor mass flow rate is then derived according to Equation
7-20.

Meomp = P2V24; Equation 7-20

where, p, is the density of the saturated gas, A, if the area of the tube (assumed to be the
same as used in the CFD model) and V, is the flow velocity. With the known heat gain
(Equation 7-9), pressure drop in the refrigerant tube and air channel, and the compressor
input. The net heat gain is then derived according to Equation 7-21.

APairﬁlair + APrefr.n'ref

Quet = Qrotal — Win,comp - < >/0 18 Equation 7-21

Pair pref
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Where, 0.18 is the constant of conversion from electrical energy to thermal energy (Layek,
2010).

7.3.1.3 Building Envelope Scale derived quantities

In the building scale, the impact of the BIPV/T fagade concept on the heat flux through the
wall assembly is accounted for. This is estimated from the comparing the dynamic
performance the airflow enhanced BIPV/T evaporator with the typical rainscreen assembly

with the same boundary conditions.

7.3.1.3.1 Dynamic Performance of The Airflow Enhanced BIPV/T
Evaporator

The dynamic performance of the airflow enhanced BIPV/T fagade evaporator is

investigated for a typical summer day in VVancouver, BC. The solar radiation, wind speed,

and outdoor air temperature are given in Figure 7-9. The typical sunny day is characterized

by Solar radiation of 800 W/m?, an average outdoor air temperature of 24.2°C, and Wind

speeds of up to 1.27 m/s.
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Figure 7-9 - Outdoor conditions for a typical summer day in Vancouver, BC

Figure 7-10a compares the cladding temperature for the typical rainscreen wall assembly
and the BIPV/T fagade. The boundary conditions are consistent with Section 2.2.1.2. The

cladding temperature fluctuates between 13.7°C — 55.2°C for the typical rainscreen wall
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assembly and 11.4°C - 38.6°C for the BIPV/T fagade. The peak cladding temperature is
reduced by 16.6°C for the BIPV/T facade. The reduction in the peak temperature is
attributed to the thermal regulation of the PV cell temperature because of the refrigerant
flow behind the BIPV cladding (i.e., PV cells). Recall that the refrigerant fluid evaporates
at a temperature close to the outdoor air. This high temperature evaporation reduces the
compressor electrical input. Consequently, the coefficient of performance may be
improved. This suggests that the cladding temperature should be similar to the outdoor
temperature, especially for a BIPV/T facade with an optimized flow rate to ensure the
refrigerant fluid is within the two-phase region for a significant portion of the facade area.
However, as seen in Figure 7-10a, the cladding temperature peaks at a temperature higher
than the outdoor temperature due to the solar availability and the contact resistance between
the PV cells and the collector. Temperature differences of up to 28.1°C was experienced
as seen in Figure 7-10a. The airflow behind the BIPV/T cladding also contributes to the
reduced cladding temperature since the air is assumed to be introduced into the air cavity
at outdoor air temperature. Further, the electrical conversion of the BIPV/T facade
contributes to the net heat balance on the fagade therefore reducing the temperature of the
surface of the cladding.
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Figure 7-10 — Comparison of the (a) cladding surface temperature, (b) sheathing
temperature, (c) mid-cavity air velocity, and (d) wall heat flux for the BIPV/T fagade and
a typical rainscreen wall assembly

Figure 7-10b and Figure 7-10c compare the sheathing temperature and air velocity for the
typical rainscreen assembly and the BIPV/T wall assembly. The sheathing temperature is
influenced mainly by the long wave radiation exchange with the cladding and the
convective heat gain or heat loss due to the airflow in the cavity. Although the cladding
temperature is relatively higher than the sheathing temperature during the morning hours
of the day (consistent with an east facing facade), the sheathing temperature follows closely
the outdoor air temperature. This insinuates that the sheathing temperature is mostly
influenced by the airflow for the BIPV/T facade wall assembly. Figure 7-10c compares the
cavity airflow the BIPV/T wall assembly and the typical rainscreen wall assembly. The
induced air velocity in the rainscreen cavity fluctuates between -0.028 m/s and 0.512 m/s
for the typical rainscreen wall assembly while the forced airflow in the BIPV/T wall
assembly fluctuates between 1.69 m/s and 1.90 m/s. This corresponds to a constant
Reynolds number of 5,000 for the typical day in study. The maximum sheathing
temperature is 47.0°C and 31.5°C for the typical rainscreen wall assembly and BIPV/T wall
assembly respectively. The peak sheathing temperature occurs at 10:00 am and 5:00 pm
for the typical rainscreen wall assembly and BIPV/T wall assembly respectively. Notice
that between 1lam and 6am, the sheathing temperature for the BIPV/T wall assembly is

higher than the typical rainscreen wall assembly. This is because of the implemented
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control strategy that ensures that the air at the inlet of the cavity is always higher or equal

to the indoor air temperature.

The consequence of the reduced sheathing temperature is a reduction in the heat flow for
the BIPV wall assembly (See Figure 7-10d). The peak heat flux for the typical rainscreen
and BIPV/T wall assembly are 5.91 W/m? and 1.79 W/m? respectively. This is a 69.7%
reduction in the peak wall heat gain. For the whole day in study, the heat gain is calculated
to be 53.9 W/m? and 11.9 W/m? for the rainscreen wall assembly and the BIPV/T fagade
assembly respectively. The heat gain is reduced by 77.9% for the BIPV/T wall assembly.

7.3.1.3.2 Summary

The reduction of heat gain with the BIPV/T wall assembly compared to the rainscreen wall
assembly was demonstrated for the typical summer day considered in the study. it is also
evident in Figure 7-10b that the sheathing temperature is similar to the outdoor air
temperature for outdoor conditions higher than 20°C. For outdoor conditions lower than
20°C, the sheathing temperature is constant at 20°C when the BIPV/T facade is in
operation. Hence, the heat flux difference with respect to the reference rainscreen wall is

given in Equation 7-22.

dQyan = abS(Qref,rainscreen - QBIPV/T) Equation 7-22

where, Qref rainscreen @Nd Qprpy 7 are the heat fluxes for the reference rainscreen wall
assembly and the BIPV/T wall assembly respectively. The wall heat fluxes are derived

using the 1D heat conduction equation given in Equation 7-23
Q=——- Equation 7-23

where, T;,; is the indoor air temperature and Ty is the wall surface temperature (i.e.,
cladding surface for the rainscreen wall assembly assumed as the sheathing temperature
and the actual sheathing surface temperature for the BIPV/T wall assembly). the thermal

resistance of the wall assembly is given in Equation 7-24
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t; .
R, = 1/hint + z l/k,- Equation 7-24

where, h;,; is the interior heat transfer coefficient, t; is the thermal conductivity of the
inner wall assembly layers and k; is the thermal conductivity of the wall assembly layers.

Knowing the heat flux difference, the combined heat gain is given in Equation 7-25.

Qcombined = Qtotal + deall - Win,comp

B (APairmair N APrefr'nref>/O. 18 Equation 7-25
Pair pref

7.3.2 Discussion of Results

The thermo-electric quantities derived for the typical summer day (See Section 7.3.1.3.1)
is investigated by comparing with the typical PV/T-evaporator concept. The evaporator
heat gain and electrical output and overall COP are the parameters of interest. Figure 7-11a
and Figure 7-11b compare the electrical output and the electrical efficiency of the BIPV/T
heat pump and the PV/T enhanced heat pump. In both cases, the electrical output is
maximized at 8:00 am while the electrical efficiency is maximized at 6:00 am. The highest
electrical output coincides with the peak solar radiation as aspect. However, the electrical
efficiency is strong function of the available solar radiation and the PV cells temperature.
The highest electrical efficiency is 12.8% and it coincides with the lowest outdoor air
temperature (Figure 7-10). Since the wall orientation being considered is south-east, the
electrical output and efficiency diminish after 12:00 pm. That said, the additional airflow
showed negligible impact on the electrical efficiency. This is attributed to the high outdoor
air for the typical summer day being simulated relative to the reference outdoor air
temperature. This significantly reduces the cooling potential of the airflow in the channel.
The modified outdoor airflow scheme was assumed for the simulation. The modified
Trombe wall airflow scheme may have been a better approach since the indoor air is mostly
lower than the reference temperature for which the electrical efficiency is specified (i.e.,
25°C).
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Figure 7-11 - comparison of the (a) electrical efficiency and (b) electrical output for the
PV/T and BIPV/T heat pump system

Figure 7-12a and Figure 7-12b compare the heat gain and thermal efficiency for the PV/T
and BIPV/T facade driven heat pump respectively. Figure 7-12a shows that the airflow
enhances the heat gain of the evaporator. The heat gain is enhanced by up to 61.7% and it
occurs at 7:00 am. For the typical sunny day considered, the heat gain is increased by 28.4%
on average. The higher heat gain for the BIPV/T facade coupled heat pump translates to a
higher thermal efficiency as seen in Figure 7-12b. The maximum thermal efficiency for the
PV/T and BIPV/T heat pump is 56.4% and 94.4% respectively. This is a 67.3% increase
of the thermal efficiency. For the typical summer day, the thermal efficiency the average
daily thermal efficiency is 49.5% and 70.4% for the PV/T and BIPV/T coupled heat pump

gvaporator.
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Figure 7-12a also shows the net heat gain for the BIPV/T fagade system. The net heat gain

is derived by considering the BIPV/T fagade driven heat pump system (See section 4.1.3.2).

As stated earlier, for a BIPV/T facade coupled with heat pump for water heating, the net

heat gain in Figure 7-12b is the thermal energy delivered to the water storage tank barring

pipe losses and other operational losses that are not accounted for in this study. The net

heat gain is calculated for the representative days determined in Section 7.2. Figure 7-13

shows the net heat gain and the electrical efficiency as a function of the available solar

radiation and outdoor air temperature for all the data points generated by considering

representative days for each month of the year.
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Figure 7-13 - 3D scatter plot of (a) Net heat gain and (b) electrical efficiency for the

representative days

7.4 Development of correlation for net heat gain and electrical
efficiency

The net heat gain (i.e., Q,.;) and electrical efficiency are correlated with the outdoor
conditions in this section. The aim is to derive a function that accurately predicts the net
heat gain and electrical efficiency given the solar radiation, outdoor temperature, wind
speed, and cloud cover. Thus, we are presented with curve fitting problem with two (2)
dependent variables and four (4) independent variables. For simplicity, the two dependent
variables (i.e., net heat gain and electrical efficiency) are fitted separately. For each
dependent variable, a multi-variable polynomial regression analysis is performed (Ahmet
Cecen, 2021). Let the dependent and independent variables be defined as follows:

Y; Net heat gain (W)

Y, Electrical efficiency (%)

X, Solar radiation (W/m?)

X, Outdoor temperature (K)

X3 Wind speed (m/s)

X, Cloud cover (-)

The polynomial expression for the net heat gain and electrical efficiency are given in
Equation 7-26 and Equation 7-27 respectively.

Quet = —325.4X, + 76.8X3 — 5.23X3X, + 111.3X, + 2.24X,X,  Equation 7-26
—0.306X,X; + 1.44X; — 0.230X,X, — 0.046X; X5

—0.00104X,X, — 13642.4 — 0.000239X,°
—0.22X,% 4+ 1.20X3% — 153.4X,>
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Npy = —0.00158X, + 0.00484X3 — 0.0000599X3X, + 0.00453X, Equation 7-27
—0.0000246X,X, — 0.0000171X,X>
—0.000178X; + 0.00000677X,X,
+0.0000012X,X5 + 0.000000582X,X, — 0.343
—0.00000000827X,% — 0.00000965X >
—0.0000229X32 4+ 0.0050554X >

The goodness-of-fit for the derived polynomial expressions in Equation 7-26 and Equation
7-27 is checked by considering the R-squared value. The R? value for Equation 7-26 and
Equation 7-27 is 0.8691 and 0.9497 respectively. The polynomial expression is validated
using the Leave one out cross validation technique (Ahmet Cecen, 2021). Figure 7-14a and
Figure 7-14b show the goodness of fit scatter plot for the net heat gain and electrical
efficiency respectively.
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Figure 7-14 — Goodness of fit scatter plot showing the predictive accuracy of the

multivariable polynomial expression for the (a) net heat gain and (b) electrical efficiency

To aid easier implementation of the polynomial expression in the building energy

simulation platform, a subset selection is carried out with the aim to reduce the independent

variables without sacrificing accuracy (Eksioglu et al., 2005). Given the number of

dependent and independent variables, there are 24 possible combinations of variables that

should be considered in the subset selection analysis. However, X1 and X are key variables

in the solar thermal applications. Hence, the objective of the subset selection reduces to

investigation of the influence of X3 and X4 on the predictive accuracy of the polynomial

expressions in Equation 7-26 and Equation 7-27. This reduces the possible combinations

of variables to eight (8) as seen in Table 7-2. Table 7-2 summarizes the R? values for the

possible combinations of the independent variables in Equation 7-26 and Equation 7-27.
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Table 7-2 — Summary of subset selection for a limited combination of outdoor parameters

Regressors in model R2-value Regressors in model RZ-value
Vi = f(Xq, X5, X3, X4) 0.8691 Y, = f(X1, X5, X3, X4) 0.9497
Y1 = (X1, X5, X3) 0.8571 Y, = f(X1, X5, X3) 0.9452
Vi = f(X1, X5, X,) 0.7197 Y, = f(X1,X5,X,) 0.9209
Yi = f(X,X5) 0.7142 Y, = f(X1,X,) 0.9172

As seen in Table 7-2, the electrical efficiency can be accurately predicted by considering
just the solar radiation and outdoor temperature as independent variables. This simplifies
Equation 7-27 to Equation 7-29. Also, the net heat gain can be accurately predicted by
considering the solar radiation, outdoor temperature, and the wind speed. The simplified
polynomial expressions for net heat gain is given in Equation 7-28. Similarly, Equation
7-28 and Equation 7-29 are validated using Leave one out cross validation technique
(Ahmet Cecen, 2021).

Qnee = 103.4X;3 + 171.3X, — 0.385X,X;3 + 0.0830X,
—0.0482X,X5 + 0.00337X,X, — 21813.6 Equation 7-28
—0.000243X,% — 0.329X,2 + 0.858X,>
Npy = 0.00291X, — 0.000105X; + 0.000000355X;X, — 0.123
Equation 7-29
—0.00000000923X,% — 0.0000067X,>
The goodness of fit scatter plot for the net heat gain and the electrical efficiency is shown
in Figure 7-15a and Figure 7-15b.

231



1000 | 0.17y
e
i d 0.165 | o
800 . -
— ® e ®
2 600!t . S 0167
g ¢ et :E .
S 400! = 0155 K4
E s o
200 | % 0.15
~.
0.145
0 % ::
L - L L g L L L
0 500 1000 0.15 0.16 0.17
pred. Qm[ (W) pred. nrw (%)

Figure 7-15 - Goodness of fit scatter plot showing the predictive accuracy of the
simplified multivariable polynomial expressions for the (a) net heat gain and (b) electrical
efficiency

The polynomial expressions were derived for a mild climate like Vancouver, BC. Hence,
the accuracy of the model is assessed for a more extreme climate like Kamloops, BC.
Figure 7-16a and Figure 7-16b compare the net heat gain and electrical efficiency predicted
by the polynomial expression in Equation 7-28 and Equation 7-29 against the detailed CFD
simulation for the hottest day in Kamloops derived from the EnergyPlus weather data (i.e.,
July 30™).
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Figure 7-16 — Comparison of the predictive accuracy of the simplified multivariable
polynomial expressions for the (a) net heat gain and (b) electrical efficiency against CFD

for the hottest day in Kamloops, BC

Figure 7-16 shows that the electrical efficiency predicted by Equation 7-29 can be
extrapolated for other climates with warmer outdoor conditions. The RMSE and NRMSE
for predicting the electrical efficiency is 0.00337 and 2.41% respectively. However, the
error in predicting the heat gain for warmer climates is significant. For the day in study,
the RMSE and the NRMSE for predicting the net heat gain are 301.7 W and 49.3%
respectively. The accuracy of Equation 7-28 is enhanced by adding a correction term as

highlighted in Equation 7-30.

Qner = 103.4X5 + 171.3X, — 0.385X,X; + 0.083X,

—0.0482X,X3 + 0.00337X,X, —21813.6
Equation 7-30
—0.000243X,% — 0.329X,2 + 0.858X;>

+ (24.5(X, — 294.15) + 22.8)

The correction term is derived by correlating the errors in Figure 7-16 with the temperature
difference for the hottest day and the threshold temperature (i.e., 21°C). The temperature
correction is only applied when the outdoor air temperature is higher than 21°C. The
correction term improves the accuracy as seen in Figure 7-16a. The RMSE and NRMSE are
69.7 W and 10.7% respectively. Further validation of the effectiveness of the temperature

correction to enhance the predictive accuracy of the net heat gain is seen when other
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warmer days is seen in Figure 7-17a and Figure 7-17b for May 12" and Aug 9"

respectively.
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Figure 7-17 - Further validation of the temperature correction to enhance the prediction
accuracy of multivariable polynomial expressions for the (a) net heat gain and (b)

electrical efficiency on May 12" and August 9" in Kamloops, BC

7.5 BES Implementation of BIPV/T facade coupled with heat pump
for DHW
Upon deriving the correlations for the net heat gain and the electrical efficiency, the
correlations are programmed into the Building Energy Simulation (BES) platform. This is
done to quantify the energy savings associated with the BIPV/T facade coupled with heat
pump for domestic water heating (DHW). The energy savings will be quantified by
considering different fagade orientations and different climate. EnergyPlus is the preferred
BES software because of its flexibility of simulating customized systems (Nghana &
Tariku, 2016). The energy simulation is first benchmarked before implementing the

BIPV/T facgade coupled heat pump for DHW in the energy simulation platform.

7.5.1  Benchmarking of Numerical Simulation setup in EnergyPlus

The EnergyPlus simulation is benchmarked by comparing with ANSI/ASHRAE Standard
140 Case 600 low mass building (Figure 7-18).
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Figure 7-18 - Test building (ANSI/ASHRAE Standard 140 Case 600)

The test building is 8 m wide, 6 m long and 2.7 m high with windows oriented in the south
direction. The windows are air filled double glazed insulated glazing units (IGUs). The
wall, roof and floor construction is given in Table 7-3. The total internal load is 200 W
(60% radiative and 40% convective). The building infiltration is 0.5 ACH. The soil
temperature is 10°C continuous. The indoor air temperature is maintained between 20°C
and 27°C by a 100% convective air system. The mechanical system is 100% efficient with
no loses. The mechanical system is simulated in EnergyPlus using the Ideal Loads Air

System. The building is simulated under Denver, Colorado weather conditions.
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Table 7-3 — Summary of the Building envelope attributes

Thermal

Material Conductivity Thickness Density Specific Heat
(W/m-K) (m) (kg/m?) (//kg-K)

Wall Construction

Plasterboard 0.160 0.012 950 840

Fiberglass Quilt 0.040 0.066 12 840

Wood Siding 0.140 0.009 530 900
Roof Construction

Plasterboard 0.160 0.010 950 840

Fiberglass Quilt 0.040 0.1118 12 840

Roof Deck 0.140 0.019 530 900
Floor Construction

Timber Flooring 0.140 0.025 650 1200

Insulation 0.04 1.003 - -

The results from benchmarking the EnergyPlus model is summarized in Table 7-4. The
heating and cooling energy consumption is compared with published results (BESTEST,
2004). As seen in Table 7-4, the heating and cooling energy derived from the EnergyPlus
simulation is within the range of the Published results. The maximum deviation from the
BESTEST average published data is 13% for the prediction of the Annual heating. In
general, the derived Energyplus cooling energy is more consistent with published data.
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Table 7-4 - Summary of the benchmarking results

BESTEST®  BESTEST"  BESTEST" Present

Description % Diff
Minimum Maximum  Average Simulation

Annual Heating (MWh) 4.296 5.709 5.046 4.383 -13.1%
Peak Heating (kW) 3.437 4.354 3.952 3.736 -5.5%
Annual Cooling (MWh) 6.137 8.448 7.053 7.460 5.8%
Peak Cooling (kW) 5.965 7.188 6.535 6.690 2.4%

7.5.2 Electric Water heater

A

Solar Radiation N
VAq | Exhaust \
<IO[> | /Air Outlet Thermostatic —_
B v 4 i Expansion valve Hot water
‘/ Electric Water outlet
Heater
Y <:
d A -] Heati
H eating
Refrigerant <> Eloments
° Loop —
o
[5 R
? Cold water
T inlet
| \ Compressor
1 Exhaust P
| ‘
Pel<—| | A Inlet: &
Quseful Heat \a

Figure 7-19 -Schematic of the electric water heater with auxiliary heating provided by the
BIPV/T fagade evaporator

Figure 7-19 illustrates the electric water heater. The electric heater is rated for a maximum
heating capacity of 5000 W. The tank volume is 0.3785 m3 and the heater thermal
efficiency is 95%. The water storage tank is located within the validated zone. Heat loss or
gain of the water tank is accounted for by specifying a loss coefficient of 2.0 W/K. The
additional heating afforded by the BIPV/T fagade coupled with Heat pump is illustrated in
Figure 7-19. The additional heating provided by the BIPV/T assisted heat pump system
should offset some of the heating required by the electric water heater which will reflect in
annual energy savings. The BIPV/T facade concept for water heating is implemented in

EnergyPlus by writing a simple EnergyPlus Runtime Language (Erl) program to
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dynamically override the zone temperature where the water tank is located such that the
equivalent conduction heat flux between the water in the tank and the ambient is equivalent
to the overall thermal energy extracted from the BIPV/T fagade. The overall thermal energy
is calculated for each time step according to Equation 7-31.

T G A .
Qoverall = Qnet + deall + evanpv surf mOd'/o_ 38 Equat|0n 7-31

where, Q.. and n,,,, are derived from Equation 7-29 and Equation 7-30 respectively, A,,,q.
is the module area shown in Figure 7-5, G, is the solar radiation on the surface and .,
is calculated according to Equation 5-24 for each surface orientation. Given the overall
thermal energy in Equation 7-31 and the loss coefficient of the water tank, the equivalent

zone temperature can be calculated by rearranging Equation 7-32.

Qoveral! = kloss(Tzone,eq - Ttank water) Equation 7-32

In other words, when the BIPV/T facade coupled with heat pump is in operation, the water
heater tank is assumed to be in a pseudo zone with temperature equivalent t0 T,y eq-

Alternatively, the water tank is in the actual zone boundary shown in Figure 7-19.

7.5.3  Verification of the Erl Implementation

As mentioned earlier the BIPV/T facade driven heat pump is implemented via the Energy
Management System (EMS) in EnergyPlus. The Erl program implements mainly Equation
7-29, Equation 7-30, Equation 7-31, and Equation 7-32. The Erl programming references
key “sensor” variables to get time varying data regarding the surface incident solar
radiation, solar incident angle, wind speed, outdoor temperature, zone temperature, outside
surface temperature, and tank temperature. The “actuator” variable is also defined to
control the water zone temperature according to Equation 7-32. An important aspect of the
EMS programming is specifying the EMS calling point for the Erl override. The EMS
calling point is specified just before the zone load predictions for each time step of in

EnergyPlus terms, “BeginTimestepBeforePredictor.”

To ensure proper predictor capacity of the EMS program, the results are verified by

comparing the EnergyPlus simulated output with the expected output. Figure 7-20
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compares the EMS program output against the expected output. The comparison of the

predicted and expected output was done for the Vancouver, BC climate.
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Figure 7-20 - Comparison of the predicted and expected overall heat gain

As seen in Figure 7-20, the predicted overall heat gain is consistent with the expected heat
gain with some discrepancies. The overall heat gain is underpredicted in some instances.
The discrepancy is attributed to the time step disparity the EnergyPlus derived overall heat
gain and the expected value. The expected overall heat gain is derived by assuming the
time step begins on the hour which may not be the case in the EnergyPlus Simulation. The
EnergyPlus derived values are interpolated values. Upon inspection of the data, the error
mostly occur at the initial timestep when the BIPV/T facade is assumed to be in operation.
This therefore means, expected heat gain is the maximum possible value attainable; hence,
while errors are expected, the values predicted by the Erl program should be less than
expected which is reflected in Figure 7-20. That said, the R? value for the predicted overall
heat gain is 0.9946. The NRMSE is 8.71% for the whole year simulation presented in
Figure 7-20.

7.6 Parametric Analysis Results and Discussion

With the BIPV/T fagade implemented in the BES platform, the impact of the integration
of the BIPV/T facade is investigated and the energy savings is quantified. Also, the energy
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savings associated with BIPV/T facade driven heat pump water heater is quantified for

different climates across Canada.

7.6.1  Impact of Wall Orientation

Three wall orientations (i.e., East, West, and South) and the roof were investigated.
Vancouver, BC climate is considered in the analysis. Vancouver has a solar production
potential of 1007 kWh/yr (Urban, 2021). This is slightly lower than the average national
solar production potential of 1133 kWh/kW/yr (Urban, 2021). Vancouver was chosen for
consistency. The impact of wall orientation and roof was investigated by considering the
daily hot water usage shown in Figure 7-21. As seen in Figure 7-21, the water consumption
increases in the morning up to about 10 L/hr at 8:00 am, drops to a low of about 2 L/hr at
1pm and increases to about 9 L/hr at 6:00 pm. As expected, there is no water consumption
from midnight to 6:00 am. This is typical of a residential building (Fuentes et al., 2018).

14
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Hot water consumption (L/hr)

0 2 4 6 8 10 12 14 16 18 20 22 24
Time (hr)

Figure 7-21 - Typical daily water consumption profile

Figure 7-22 shows the impact of integrating the BIPV/T facade evaporator on the water
heating energy consumption for the different wall orientations considered and the roof. The
Baseline model excludes the additional heating provided by the BIPV/T fagade evaporator.
The annual water heating energy is 33.3 MWh, 19.9 MWh, 22.6 MWh, 25.5 MWh, and 24.6
MWh for the Base model, and BIPV/T facade evaporator mounted on the roof, south wall,
west wall, and east wall respectively. This shows that the auxiliary heating provided by the

BIPV/T facade driven heat pump is effective in reducing the annual hot water heating
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energy by 40.1%, 32.0%, 24.1%, and 26.0% for the BIPV/T facade evaporator mounted on
the roof, south wall, west wall, and east wall respectively. The BIPV/T facade evaporator
was sized by considering the average daily electricity usage for residential dwellings
(Luyties & Luyties, n.d.). This was equivalent to having fifteen (15) BIPV/T facade

evaporator modules (i.e., 36 m? of facade coverage).
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Figure 7-22 - Effect of varying the location of the BIPV/T facade evaporator on the water

heating energy consumption

The energy savings for the Roof is the highest; however, the energy savings for the South
oriented BIPV/T facade is comparable. The similarity in energy savings is attributed to the
airflow behind the BIPV/T cladding. The East oriented BIPV/T fagade shows slightly
higher savings than the West oriented BIPV/T facade since the solar availability for the
east facing wall coincides with low relatively lower outdoor air temperature. As such, the
electrical output may be higher and hence a higher overall thermal energy. Energy savings
for the roof integrated BIPV/T fagade is 14.2% higher than the West oriented BIPV/T
facade and 9.92% higher than the East oriented BIPV/T facade. This means that in an urban
settlement where the roof to wall area ratio is relatively low, the BIPV/T facade can be

integrated on the wall area without significant loss of overall thermal performance.
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Further, the seasonal water heating energy consumption is shown in Figure 7-22. As seen,
for all the orientations considered, the water heating energy is lowest during summer and
highest during winter. Using the roof integrated BIPV/T facade evaporator as case study,
the seasonal water heating energy consumption for winter, spring, summer, and fall are
6.89 MWh, 4.19 MWh, 3.09 MWh, and 5.75 MWHh respectively. The relatively higher water
heating energy savings is attributed to the higher solar potential during summer. In fact,
the BIPV/T facade driven heat pump is in service for 1121 hours during summer and only
254 hours during winter. Also, during winter, the south wall showed the most energy
savings for water heating of 19.3%. The winter water heating energy savings for the roof,
west and east mounted BIPV/T facade are 16.1%, 9.19% and 9.19% respectively. Also, the
water heating energy savings during summer was calculated to be 63.2%, 40.8%, 40.8%,
and 42.5% for the roof, south, west, and east facing BIPV/T facade evaporator. The water
heating energy savings during fall was calculated to be 30.7%, 29.7%, 16.3%, and 19.7%
for the roof, south, west, and east facing BIPV/T facade evaporator. Finally, the water
heating energy savings during spring was calculated to be 50.0%, 37.7%, 29.9%, and
32.3% for the roof, south, west, and east facing BIPV/T facade evaporator.

7.6.2 Impact of Climate

In this section, the potential of BIPV/T facade driven heat pump is investigated for
additional cities in Canada. The additional cities investigated are Toronto, Montreal,
Calgary, Ottawa, Regina, and Winnipeg. It was shown in the previous section that the
BIPV/T evaporator fagade mounted on the south oriented wall showed the highest potential
for water heating energy savings; hence, only the south wall integrated BIPV/T is

investigated in this section.
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Figure 7-23 -Comparison of the Annual and Seasonal water heating energy consumption

for the different cities in Canada

Figure 7-23 compares the annual and seasonal water heating energy for the cities being
earlier listed and Figure 7-24 compares the annual and seasonal water heater energy savings
for the cities considered in the study. The annual water heating energy consumption for
Vancouver, Calgary, Winnipeg, Ottawa, Toronto, Montreal, and Regina is 22.6 MWh, 19.8
MWh, 21.5 MWh, 22.1 MWh, 22.6 MWh, 21.2 MWh, and 20.9 MWh respectively. The
annual water heating energy consumption is 33.3 MWh for the reference case (i.e., electric
heater without auxiliary heating simulated under VVancouver climate). In all cities, the water
heating energy consumption is reduced by implementing the BIPV/T facade concept. The
reduction in annual water heating energy consumption is 32.0%, 40.4%, 35.3%, 33.7%,
32.1%, 36.3%, and 37.1% for Vancouver, Calgary, Winnipeg, Ottawa, Toronto, Montreal,
and Regina respectively.
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Figure 7-24 - Comparison of the Annual and Seasonal water heating energy savings for
the different cities in Canada

Considering the seasonal water heating energy consumption in Figure 7-24, the maximum
water heating energy savings during winter attributed to the auxiliary heating provided by
the BIPV/T facade is 32.5% for the Calgary climate and the minimum water heating energy
savings during winter is 19.3% for the Vancouver climate. The water heating energy
savings during winter for Winnipeg, Ottawa, Toronto, Montreal, and Regina are 26.0%,
23.6%, 20.2%, 25.2%, and 28.8% respectively. The water heating energy consumption
during winter varied by up to 13.2% between the cities considered (i.e., Calgary and
Vancouver). The water heating energy savings during Spring is 37.7%, 42.9%, 39.7%,
37.8%, 35.5%, 39.8%, and 40.6% for Vancouver, Calgary, Winnipeg, Ottawa, Toronto,
Montreal, and Regina respectively. The water heating energy savings during Spring are
varied by up to 7.32% considering the BIPV/T energy performance in Calgary and Toronto.
The water heating energy savings during Summer is 40.8%, 43.9%, 41.9%, 39.5%, 38.8%,
41.0%, and 43.8% for Vancouver, Calgary, Winnipeg, Ottawa, Toronto, Montreal, and
Regina respectively. While, the highest water heating energy savings was seen in Calgary
and Regina, the energy savings for all the climates is similar. The water heating energy
savings during Fall is 29.7%, 42.1%, 33.4%, 33.4%, 33.6%, 39.1%, and 34.5% for
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Vancouver, Calgary, Winnipeg, Ottawa, Toronto, Montreal, and Regina respectively. The
maximum water heating energy savings during Fall occurred in Calgary while the
minimum water heating energy savings during fall occurred in Vancouver. Overall, the
annual water heating savings is maximized Calgary. Vancouver showed the lowest annual

water heating energy savings.

7.7 Conclusion

An airflow enhanced BIPV/T facade concept coupled with heat pump technology was
proposed and numerically investigated for the overall energy saving potential when utilized
for DHW. The numerical simulation involved four distinct phases: weather data analysis,
detailed CFD simulation, Regression analysis, and BES. In the weather data analysis,
representative days for each month with varying levels of solar radiation are determined.
The determined outdoor conditions were inputted as boundary conditions for the detailed
CFD simulation to determine the heat gain and electrical efficiency. In the regression
analysis, the heat gain and electrical efficiency are correlated with the outdoor temperature,
solar radiation, wind speed and cloud cover. The derived multi-variable polynomial
expression is then implemented in EnergyPlus via the Energy Management System to
dynamically predict the heat added to the storage tank per hour of operation of the BIPV/T
coupled heat pump system. Following, the energy impacts on the DHW energy usage are
quantified for different wall orientations and climatic conditions across Canada by

considering a typical residential DHW consumption profile.

The simulation methodology was implemented for the mild climate of Vancouver, BC.
However, the multivariable polynomial expression was corrected to extend the predictive
accuracy to all climates. The energy analysis showed that while the roof integrated BIPV/T
facade concept showed the highest energy savings of all the orientations considered, the
BIPV/T facade can be implemented on the walls (i.e., South facing walls) without
significant loss in energy performance. This is especially important for high-rise residential
buildings in an urban settlement where the roof to wall area is relatively small. The results
cite the feasibility of the wall integrated BIPV/T fagade. Further the performance of the
BIPV/T facade coupled with heat pump was investigated for different cities including
Vancouver, Calgary, Winnipeg, Ottawa, Toronto, Montreal, and Regina. The DHW
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heating energy savings ranged from 40.4% in Calgary to 32.0% in Vancouver for a south
oriented BIPV/T facade evaporator. Additional energy analysis showed that the BIPV/T
facade significantly reduces the wall heat flux compared with a typical rainscreen
assembly. In fact, the peak heat flux was reduced by 69.7%. This implied that the BIPV/T
facade has the potential to reduce the overall building energy consumption in addition to
the savings in DHW energy usage. While the potential of the BIPV/T coupled heat pump
has been demonstrated herein, further experimental analysis is recommended to proof the
BIPV/T facgade integrated with heat pump concept.
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Chapter 8

8  Conclusions and further work

8.1 Conclusion

A new BIPV/T facade concept as part of a heat pump system for DHW was proposed and
numerically investigated to understand the potential for energy improvement in a low-rise
residential setting. The BIPV/T concept could be described as an airflow enhanced PV/T
evaporator with finely controlled air flow rates and patterns to achieve higher
thermodynamic efficiencies. Thus, there exist multiple fluid streams with different heat
transfer and flow characteristics. In the airflow stream, the heat exchange with the adjacent
collector surface may cause a positive or negative enthalpy change. Similarly, in the
refrigerant tubes, the heat exchange between with the collector surface and the airflow
stream causes the fluid to evaporate. This posed a multiphase heat transfer problem in the

refrigerant tubes.

The airflow and refrigerant flow stream are decoupled and numerically investigated
separately to understand the heat transfer and flow characteristics. In the air flow analysis,
the refrigerant tubes are treated as roughness elements and their impact on the convective
heat transfer coefficients are studied. In chapter 3, the turbulent natural convection heat
transfer coefficient was investigated for a roughened air channel. The study investigated
the effect of rib cross-sectional shape, rib height, rib spacing, channel inclination, and
different asymmetric heating intensities on the natural convection heat transfer coefficient.
It was seen that the roughness elements enhanced the convective heat transfer coefficient
for all case with channel inclination less than 60 degrees from the vertical. Above 60
degrees, the rib elements were detrimental to the natural convection heat transfer. A new
natural convective heat transfer coefficient correlation was derived considering the

different geometrical and flow parameters investigated.

In chapter 4, the forced convection heat transfer coefficient was investigated for a
roughened air channel. The study investigated the effect of rib cross-sectional shape, rib
height, rib spacing, and channel flow rate on the forced convection heat transfer coefficient.

The visualization of the velocity contours showed vortices formed in the immediate
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upstream and downstream of the roughness elements. The near wall vortex flow structures
were categorized into three distinct flow regimes from detailed analysis of the CFD derived
wall shear stress. The three flow regimes were named accordingly: Skimming flow, wake
interference flow, and isolated roughness flow. The naming convention was consistent with
atmospheric boundary layer flow. Following, a parametric analysis is conducted to
optimize the thermohydraulic performance of the solar air heater. The optimum rib
geometry for the circular and triangular transverse rib was given in Chapter 4 respectively.
A new forced convective heat transfer coefficient correlation was derived considering the

different geometrical and flow parameters investigated.

In chapter 5 and 6, the multiphase flow in the refrigerant tube is validated with experimental
data for the detailed CFD simulation and numerically verified. The air-side and refrigerant
side were then coupled based on the assumption that the coupling was intrinsically handled
by the governing equations. Then effect of rib height, rib spacing, and flow ratio of the
refrigerant tube and air channel on the thermodynamic and electrical yield of the BIPV/T
facade concept. The geometrical and flow parameters were investigated under peak solar
conditions and off-peak solar conditions. The geometrical and flow parameters that
optimized the thermal and electrical efficiency of the BIPV/T facade for the peak and off-

peak solar conditions were presented.

Once the BIPV/T facade construct had been optimized, the BIPV/T-HP system was
studied. In the system scale, the BIPV/T-HP energy performance is quantified for a
scenario when the system is utilized for DHW. To do this, a four-step simulation procedure
was proposed and implemented to verify the annual performance. This involved weather
analysis to deduce representative days for different solar exposures for each month of the
year. The representative days were inputted as boundary conditions to derive the thermal
and hydraulic characteristics of the BIPV/T fagade. At this stage the energy performance
of the BIPV/T fagade was compared with the typical rainscreen wall assembly that was
presented in Chapter 2. The temperature in the interstitial layers of the wall assembly was
compared with the typical rainscreen wall assembly. It was shown that the heat flows in
the BIPV/T facade concept was significantly reduced compared with the rainscreen

assembly which could translate to a better overall energy performance.
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Further, the derived electrical and thermal yield, an analytical model of the BIPV/T facade
is derived by employing multi-variable polynomial regression analysis to dynamically
predict the overall thermal yield of the BIPV/T-HP system. the dynamic analytical model
is then implemented in the building energy simulation platform to quantify the energy
impacts for a BIPV/T-HP system for DHW. The implemented model is extended to
investigate the potential energy improvements for multiple weather conditions across
Canada. It was seen that up to 44.2% of the heat load can be offset with the BIPV/T -HP.

8.2 Further work

The potential energy impacts of the BIPV/T facade were demonstrated in this research.
However, more work is needed for verification and implementation of the concept. The

following recommendations for future work can be made:

e Afull-scale experiment to verify the potential energy performance of the BIPV/T facade
concept.

e Practical Implementation of the BIPV/T facade concept in the built environment
requires consideration for heat, air, and moisture transport in conjunction with whole
building simulation including thermal comfort considerations and aesthetics. Further,
Integration of the concept in BIM environment can be beneficial to help or aid architects
and building designers

e Including urban topography effect on the thermal yield of the BIPV/T is important to
represent as built conditions.

e The research was conducted from first lay principles, however, an exegetic analysis is
required to account for system losses as well as improve the overall thermodynamic

efficiency of the BIPV/T fagade concept.
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